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Abstract
This work reports experimental and theoretical investigations of novel regenerator
concepts. The overall effort is towards developing a small (100-200kW) high-efficiency
regenerative gas-turbine engine for motor vehicles.
The novel regenerator sealing concept involves discontinuously rotating the
regenerator and implementing seals that lift during these very quick rotations. Seal leakage
calculations show that leakage rates can be reduced easily to under 2%. Analyses give
methods for calculating the correct discontinuous-rotation time and angle, and radial-seal
angle, which assure most importantly no detrimental effects to the heat-transfer
performance of the regenerator. Finally, the effects of regenerator-matrix porosity on
several of these parameters are included and discussed.
A bench-level test apparatus was constructed to observe the general behavior of
seal leakage under clamping seals. The tests indicate that transient effects from lifting and
clamping the seals will tend to produce leakage rates lower than predictions.
To parallel this research, a prototype of the new sealing concept was designed and
partly constructed. All the accomplished work on this apparatus is reported.
The innovative band regenerator concept is introduced: in some circumstances it
could have several important advantages over conventional rotary regenerators, one being
compactness. Basic probing tests of the bands were conducted to determine the influence
of high temperatures and of the pinch-rollers which move the bands.
The general design of a small automotive gas-turbine engine is presented with
analyses predicting thermal efficiencies of over 50% and marked increases in the fuel
economy (65-75%) if used, for instance, as a direct replacement for an automobile spark-
ignition engine. Calculations were based on Federal-Test-Procedure driving cycles.
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Title: Professor Emeritus of Mechanical Engineering
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Nomenclature
Roman-Letter Symbols
a matrix-passage height, m
a positive acceleration of the motor vehicle, m/s2
AL cross-sectional area, m2
Af flow area, m2
Aff free-face area, m2
Aht heat-transfer area, m2
b matrix-passage width, m
B coefficient
UP mean specific heat at constant pressure, kJ/kg-K
C . actual flow rate / theoretical flow rate (discharge coefficient), -
C, integration constant
C2  integration constant
Cf skin-friction coefficient, -
CD coefficient of air resistance, -
CR wheel rolling resistance, -
Crat  (c•p)m., / (tp) max (heat-capacity-rate ratio), -
Cro, (-h-=)m / (r-,)min' -
dbore orifice-bore diameter, m
dh  hydraulic diameter of a regenerator-matrix channel, mm
d;, pitch diameter, mm
D coefficient
Dpipe pipe diameter, m
f - moody-friction factor, -
Fn  force applied normal to the surface, N
Fspring return-spring force, N
g - gravitational acceleration, m/s2
h convective heat-transfer coefficient, W/m2-K
h = seal-clearance height, m
I - moment of inertia, kg-m2
J -- polar moment of inertia, m4
lhv lower heating value, MJ/kg
K C /l-2 (flow coefficient), -
L = seal width, mm
m number of times the regenerator rotates through aROT on the hot
side, -
m - mass, kg
th mass-flow rate, kg/s
mwheel effective mass of all rotating components as if at the wheel
periphery, kg
n number of times the regenerator rotates through aROr on the cold
side, -
n: number of non-ideal throttlings, -
nteeth number of teeth on the sprocket
n' I number of ideal throttlings, -
N total number of times the regenerator rotates through aROT in one
3600 rotation
NuH hdh / k (Nusselt number), -
NTU Number of Transfer Units
p sprocket or tooth pitch, mm
P - perimeter, m
P pressure, Pa
P(x) x-direction-dependent pressure, Pa
P(r) r-direction-dependent pressure, Pa
Pacs - accessory power, W
Psupply supply pressure, Pa
Pr - v / a (Prandtl number)
PWR = average power, W
Q - volume-flow rate, m3/s
Q - heat input, W
r - pressure ratio, -
r = radial distance/direction
R = universal gas constant, J/kg-K
R, inner radius of circumferential-hub seal, also inner radius of
regenerator, mm
R2  = outer radius of circumferential-hub seal, mm
R3  inner radius of circumferential-rim seal, mm
R4  - outer radius of circumferential-rim seal, also outer radius of
regenerator, mm
Re = (p Vdh) / g (Reynolds number)
s - positive road slope, %
S - entropy, J/K
S - arc length, rad
St - h /(p p) (Stanton number)
t - thickness, mm
t = time, s
T - temperature, K
Ta(t) - applied torque acting on the regenerator, N-m
7fict - friction torque acting on the regenerator, N-m
V -- volume of the regenerator core exposed to the flows, m/s
V - velocity, m/s
V(r) - r-direction-dependent velocity, m/s
V(x) = x-direction-dependent velocity, m/s
V(z) - z-direction-dependent velocity, m/s
V(0) - 0-direction-dependent velocity, m/s
W - work output, W
W' = specific-work output, -
x =. x distance/direction
z z distance/direction
Greek-Letter Symbols
a - flow coefficient, -
- dbore/Dpipe (bore-to-pipe ratio), -
a - thermal diffusivity, m2/s
aROT - discontinuous-rotation angle, degrees
E = regenerator effectiveness, -
A - radial-seal angle, degrees
AP = pressure drop, Pa
4 - seal-coverage fraction, -
'Y - Egli's carry-over factor, -
T = dh +tw, m
po-y =- polytropic total-to-total efficiency, -
TIthermal - thermal efficiency, -
ltrans - mechanical efficiency of the transmission, -
X - hub-to-tip ratio, -
p. - dynamic viscosity, N-s/m2
v - p/p (kinematic viscosity), m2/s
0 = angular distance/direction
0(t) = time-dependent angular position, rad
6(t) = time-dependent angular velocity, rad/s
(t) - time-dependent angular acceleration, rad/s 2
(t) = time-dependent angular jerk, rad/s3
p = density, kg/m3
p(x) = x-direction-dependent density, kg/m3
p(r) - r-direction-dependent density, kg/m 3
Cre endurance limit of the ultimate tensile strength, Pa
Yu - ultimate tensile strength, Pa
1360 3600 -rotation time, s
, - fatigue-life endurance limit, Pa
-p = discontinuous-rotation pause time, s
S- modulus of rupture, Pa
, - wall shear stress, Pa
tROrT discontinuous-rotation time, s
to angular velocity, rad/s
angular velocity of a continuously-rotating regenerator, rev/s
fraction of the 360 0-rotation time the regenerator spends
rotating, -
porosity, -
Roman-Letter Subscripts
1
2
3,
4.
air
a.tm
c
carry-over
cer
circumf
DL
D/2
ex
fiuel
gap
h
i
leak
mat
max
max
min
motor-vehicle
net
o
passage
pinion
at point 1 in the gas-turbine engine
at point 2 in the gas-turbine engine
at point 3 in the gas-turbine engine
at point 4 in the gas-turbine engine
associated with the air flow through the gas-turbine engine
associated with atmospheric conditions
associated with compressor
associated with the carry-over leakage
associated with the ceramic material of the regenerator
associated with the circumferential seals
associated with a point at a distance Dpipe before the orifice plate.
associated with a point at a distance Dpip, 2 after the orifice plate.
associated with expander or turbine
associated with the fuel flow
associated with the leakage through the seal-clearance gap
on the high-pressure side
inside
on the low-pressure side
associated with the regenerator-seal leakage
associated with the ceramic-honeycomb regenerator matrix
maximum value
on the heat-exchanger side of maximum heat-capacity rate
on the heat-exchanger side of minimum heat-capacity rate
associated with the motor vehicle
associated with a net or total quantity
outside
associated with the regenerator-matrix passages
associated with the driving-mechanism's pinion
Ocont
X
radial associated with the radial seals
reg associated with the regenerator
sprocket associated with the driving-mechanism's one-way sprocket
w associated with a matrix-chamber wall
vind = associated with the head wind
x in the x direction
Chapter 1.
Introduction
The objective of this work is to present a design of a small high-efficiency motor-
vehicle gas-turbine engine that can compete directly with similarly rated spark-ignition
engines. Success of the design depends largely on improving the performance of present-
day regenerators by reducing the high seal-leakage rates that plague them. A novel
regenerator sealing concept and an innovative regenerator design, the former patented by
Wilson and MIT [40], offer themselves as probable solutions. This first chapter provides a
brief qualitative introduction to the underlying principles and relationships involved in
regenerative gas-turbine engines and the new concepts. The introduction also gives
justifications for the focus of this research. Subsequent chapters cover the work
accomplished on theoretical analyses and experimental investigations of these concepts.
1.1. Thermodynamic Cycle
The two principal motivations for choosing a regenerative gas-turbine cycle,
especially for motor-vehicle applications, are the resulting high cycle thermal efficiency
and low optimum compressor-pressure ratio [39, 41]. The regenerative gas-turbine cycle
is a modification of the well-known Brayton cycle, and consists of a compressor (with one
or more stages), a combustor, a turbine (with one or more stages) and a heat exchanger. A
simple representation of a this gas-turbine cycle in a temperature-entropy (T-S) diagram is
given in figure 1. The same points in this diagram can be located also in the block diagram,
figure 2.
Figure 1. Regenerative gas-turbine cycle on a temperature-entropy diagram [37].
Compare with figure 2.
w
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turbine
'Figure 2. Block diagram of a regenerative gas-turbine cycle [37]. Compare with figure 1.
The fluid, in this case air, enters the compressor at atmospheric conditions, point 1,
and leaves at a higher pressure and temperature, point 2. Using the exhaust from the
turbine, the heat exchanger raises then the temperature of the gas to that at point 3, so
only enough fuel in the combustion chamber must be burned to raise the temperature to
the required value at point 4. Following the combustor, the gas is expanded by the turbine
to the total pressure Ps, and cooled passing through the heat exchanger to temperature T6.
The thermal efficiency of this cycle is defined as the net work divided by the heat input:
Sh4-5 P,4 (T4 - TS) - 2-lCP,2- 1 (T2 - )T11thermal (1).4-3P,4-3(T4 T3)
Without the heat exchanger, the combustor is left to bring the temperature from T2 to T4;
and so it becomes apparent why including a heat exchanger has significant beneficial
effects on the thermal efficiency.
The performance of the heat exchanger itself also has a direct influence on the
optimum pressure ratio of the cycle. A heat exchanger's performance is called the
effectiveness, which compares the actual amount of heat transfer between the two flows to
the maximum possible amount:
E = (2)
6 heat exchanger b
Later analyses will clarify why and how the thermal efficiency increases with
increasing regenerator effectiveness and the optimum pressure ratio decreases with
increasing effectiveness. Having decided for using a heat exchanger, the next step is to
explain the choice of the particular type: the rotary regenerator.
1.2. Rotary Regenerators
The rotary regenerator type of heat exchanger is normally a large disk with many
parallel channels, aligned with the axis of rotation, that rotates through the turbine exhaust
(hot gas) and compressor outlet (cold air) flows. The hot stream heats the ceramic matrix
as it rotates past. When the matrix enters the cold stream, it loses heat to the flowing air.
Its small size and low susceptibility to clogging (because it alternately passes through the
oppositely flowing hot and cold flows) make the rotary regenerator appropriate for use in
motor-vehicle applications. Fabricating it out of ceramic allows the disk to operate at the
high temperatures called for in the general design. The benefits of the regenerator,
however, are diminished by compressed air leaking underneath, primarily, the face seals
that separate the two flows. The next section looks at these seals.
1.2.1. Regenerator Seals
The regenerator rotates between two sets of rubbing face seals that separate the
compressor-exhaust flow, the turbine-exhaust flow and the surrounding atmosphere.
Figure 3 shows a top view of one set of seals. Conventional regenerator seals are made of
self-lubricating graphite or specially-coated stainless steel [6, 14, 19, 26, 28]. The entire
seal is pressed against the matrix core with a certain amount of force. This applied force is
limited by the seal and matrix wear, and the friction torque. The leakage typically
decreases as the seals are pressed harder and harder onto the face of the regenerator
matrix. Consequently, though, the friction force arising from the two rubbing surfaces also
increases, requiring more power to rotate the matrix and resulting also in higher seal wear.
Previous efforts to maintain reduced leakage rates have been largely unsuccessful, to the
degree that completely sealing the high-pressure flow from the low-pressure one is not yet
possible.
Figure 3. Top view of regenerator seals showing radial-seal angle A, radial distances RI through R4, hot
and cold chambers, and circumferential and radial seals. Values for the prototype-seal
dimensions are given in appendix A.
The inability to properly seal the rotating-regenerator stationary-duct interface
results in a very significant performance reduction: in other words, a lower-than-specified
regenerator effectiveness or cycle thermal efficiency. Lifting the seals while the core is
quickly rotated through a specified angle is, stated simply, the principle of the new sealing
concept that should reduce seal leakage and wear significantly. When the regenerator
completes a rotation period, the seals are clamped hard on the matrix to keep leakage low.
Running with a low rotation-to-pause period would assure a great reduction in direct seal
leakage. Eliminating seal wear would call for the seals to be lifted completely off the
ceramic matrix. Again, the final chapter will clarify and illustrate the effect of seal leakage
on the engine performance. The next section looks more closely at how the rotary
regenerator is best rotated.
nferential-rim seal
nferential-hub seal
ide
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1.2.2. Regenerator Rotation
Rotary regenerators turn about their central axis conventionally at a constant
angular velocity. This rotation speed is calculated from the time the core needs to be
exposed to each of the two flows (see example in [37]). Rotating the disk discontinuously
introduces now two new parameters: the rotation time, tROT, and the pause or clamping
time, ,p. Ideally, the regenerator disk would rotate in an infinitely short time resulting in
no leakage at all; while the matrix is stationary and the seals clamped, it is expected that
the applied force will seal off the flows completely. Figure 4 shows this, where the disk
rotates instantaneously (rROT= 0) through an arbitrary value of the angle aRor, and pauses
for a time, p,.
Figure 4. Graphical comparison between a continuously rotating disk and one rotating through an
arbitrary number of discontinuous-rotation angles at an infinite discontinuous-rotation rate.
The diagonal line represents the equivalent continuous-core-rotation rate, (cont: the
core completes one 3600 rotation in r360 seconds. Figure 4, however, is not representative
of actual rotation rates. The core will inevitably rotate over a short, yet finite, time
interval. The largest amount of leakage is expected to occur during this time, which is
360 o
angular position
time
when the seals are lifted. A modified picture of figure 4 is given in figure 5, where ",P is
still the pause or clamping time, but there exists now a finite rotation time.
Figure 5. Graphical comparison between a continuously rotating disk and one rotating through an
arbitrary number of discontinuous-rotation angles at a finite discontinuous-rotation rate.
The choice of the discontinuous-rotation angle greatly influences the heat-transfer
performance of the regenerator. As will be shown in the analyses, there does however
always exist a host of discontinuous-rotation angles, depending on the radial-seal angle,
that have no detrimental effects on the heat-transfer performance. The largest of these
possible choices is always suggested, since it requires always the least amount of input
power to the driving mechanism. Note that the discontinuous-rotation angle alone does
not set the required driving power, but depends also on the matrix porosity, introduced
next.
o
360
angular position
1.2.3. Regenerator Porosity
The low robustness, high frailty and high wear of modem ceramic-honeycomb
regenerators are attributed mostly to the thin matrix-chamber walls, which are on the
order of 0.1 mm thick. Such regenerator matrices have a very high porosity, mat:
total void area
V - (3),total void area + total solid area
usually near 0.7 which is also near the upper limit of manufacturing capabilities. The total
cross-sectional void area is called the total "free-face area" for the usual arrangement
where the channels are straight sided, parallel and normal to the matrix faces. An
advantage is that small regenerators (ones with small outside diameters) result and that
pressure losses due to entrance and exit effects are minimal. If, however, a small increase
in regenerator size can be allowed then a more robust regenerator will result from the
increase in chamber-wall thickness. The influence of porosity on other design parameters
is examined in later sections. The remaining part of this section establishes a range of
relevant porosity values.
Other things being equal, including the free-flow area A, and the seal-coverage
fraction, the size of the regenerator will increase as the wall thickness increases and the
porosity decreases:
Are, = 1(Rf• R-Ri= 1) (4),
where R4 and R1 are the inner and outer diameters of the regenerator (see figure 3) and the
seal-coverage fraction, 4, is
(R4 -R)+(R2 - R.)+2L(R, -R2)
R4To- Rsimplify calculations a hub-to-tip ratio, , is introduced:
To simplify calculations a hub-to-tip ratio, X, is introduced:
R (6).
Combining this last equation with equation (7), the outer radius of the disk can be
written in terms of the regenerator porosity:
Aff (7),
The test regenerator has a fixed free-flow area of 0.19m2 and a seal-coverage fraction of
0.15. With these values, the last equation is plotted over a range of porosities in the next
figure.
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Figure 6. Percent change in the outer radius of the test regenerator vs. porosity at three different hub-to-
tip ratios. The test regenerator has a fixed 0. 19m2 free-face area and 0.15 seal-coverage
fraction.
To keep within manufacturing capabilities and keep thermal stresses in the matrix
low, the overall diameter of the disk should remain below about Im. Additionally, the
smallest disk is limited by the thinnest walls that can be manufactured, occurring usually at
hub-•ti-p ralo = 0.5
-" - - htlb-lip ralo= 0.25
..... hub-ktolipralo=0.079
__
a porosity of 0.7. From figure 6, the applicable range of porosities is therefore suggested
to be from 0.4 to 0.7. As expected, more-porous regenerators are smaller. A high porosity
might be necessary in applications where space is an important design constraint, such as
in automobiles. The plot does show, though, that the outer radius increases only about
30% over the given range of porosities. This corresponds to a 75% increase in the total
face area of the disk. The effects of changing the hub-to-tip ratio can be seen: higher hub-
to-tip ratios result in larger disk sizes. The curve for a hub-to-tip ratio of 0.079 is provided
for reference, since it is the ratio of the test regenerator.
1.3. . Band Regenerator
An alternative to the rotary regenerator introduced in this work is Wilson's novel
regenerator concept: the band regenerator. The name arises from the numerous high-
temperature metallic bands that comprise the "core" of the heat exchanger. Below are two
preliminary designs that illustrate the concept.
Figure 7. Sketch of a rectangular-shaped band regenerator [38].
Figure 8. Sketch of a circular-shaped band regenerator [41].
The bands are spaced very closely together and move together across each flow.
Once the bands leave an air-flow chamber, they are squeezed together by rollers. One set
of these rollers controls the speed, while the others ensure the bands remain taut. By
squeezing the bands together, carry-over leakage is expected to be reduced to negligible
levels. Other leakages are kept low by contact seals on the rollers and the edges of the
bands. Fully determining the potential of this innovative design would require more in-
depth studies than presented in this work. Nonetheless, on first glance the band
regenerator offers advantages over ceramic regenerators in cost, leakage, weight and
compactness. The work done on this concept is by Beck [41] and Chow [7].
SQUEEZE
ROLLERS
1.4. Summary
Gas-turbine engines that will be used in any motor-vehicle applications will surely
operate with a heat exchanger because of the enormous benefits to the fuel efficiency and
required pressure ratio. The rotary regenerator has several important advantages over
other heat-exchanger types. However, a major drawback is the large compressed-air-
leakage rates that arise from the poor sealing capabilities of present-day regenerator face
seals. The concept of a novel regenerator-sealing mechanism that should reduce leakage
rates significantly is introduced, as well as the important design parameters. Details of
analyses and experimental work are covered in chapters 2-5. Additionally, a completely
different new regenerator concept is also presented that offers further benefits in cost,
size, leakage and weight. Some specific design points of it are reviewed in chapter 6. The
majority of the work concentrates on the sealing concept, because it is a lower
developmental risk. The final chapter examines the design of an automobile gas-turbine
engine that has much greater potential to succeed than other designs in existence.
Chapter 2.
Clamping
Seals
2.1. Introduction
Continuously rubbing regenerator face seals are subject to significant wear and
leakage. Total leakage rates have been reported by several investigators to range from 4-
15% of the compressor mass-flow rate [14, 31, 39]. Sources of regenerator-seal leakage
have long been recognized and can be calculated:
* radial-seal leakage is the air flow under the radial seals from the cold to the hot flow,
and the air moved in the channels of the matrix from one flow to the other (carry-over
leakage);
* circumferential-seal leakage is the air flow under the circumferential seals from the
hot and cold flows to the surroundings; and
* matrix leakage is the air flow through the porous walls of the matrix from the cold
flow to the hot flow and to the surroundings (in this analysis, it is assumed negligible
with respect to the other types).
The methods for calculating the individual types of leakages for discontinuously rotating
regenerators are presented and discussed in the following sections. Leakage calculations
of the prototype seals are also provided.
2.2. Radial-Seal and Carry-Over Leakage
2.2.1. Introduction
The greatest contribution to the overall seal leakage is from the radial seals. They
divide the cold flow from the hot flow, or the high-pressure flow from the low-pressure
flow. Leakage occurs when as air seeps through openings between the flat surface of the
seal and the surface of the ceramic-honeycomb core. The carry-over leakage is considered
the air/gas carried over in the channels of the matrix from one chamber to the other.
Figure 9. Diagram of the radial seal showing relevant dimensions. Values for the prototype-regenerator
dimensions are given in appendix A.
Harper [16] developed a method that can quantify this leakage based on an
analysis of flow through labyrinth seals by Elgi [12]. Harper's approach is reviewed below
and used later for calculations.
y
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2.2.2. Method of Calculation
The flow rate through obstructions, such as orifices, can not be determined
analytically. Typically, the flow rate is determined by modifying the theoretical flow rate of
inviscid flow, found from the Navier-Stokes equation, with a correction factor called the
flow coefficient, xa.
In his analysis, Harper assumes that
* the velocity of the fluid approaching the matrix (gas or air) is low;
* the static pressure inside any of the ceramic-honeycomb channels is taken to be the
pressure at the corresponding seal face;
* the temperature inside any of the ceramic-honeycomb channels is taken to be at an
appropriate mean temperature;
* the circumferential velocity of the matrix over the distance of the seals is small
compared to that of the fluid velocity under the seals;
* the fluid flow across the end of one passage wall is similar to flow through an orifice;
* enough channels exist along the radial distance under the seal such that the relative
change in pressure (AP/P) is small;
* and, as the flow crosses a channel wall, the flow expands or compresses isothermally.
Seal-Clearance-Height Leakage
For steady flow along a streamline under the seals gives Bernoulli's equation in
terms of known quantities as
V(x) = P) (8).
Combining the previous equation with the mass-flow rate,
dih a p(x)V(x)dA (9),
where
dA = hdz (10)
and integrating along the length of the radial seal (i.e. integrate z from R2 to R3) gives
riradialgap = p(x)h(R3 - R2)V(x) (11).
Using the ideal-gas law with an average temperature, the final leakage-rate equation as a
function of the pressure drop, again only for inviscid flow, is:
rhradial,gap= h(R -R) 2 (12).RT
At this point, the flow coefficient, a, is introduced to account for viscosity, and the
contraction and expansion of the fluid through the labyrinth. The flow coefficient is unique
to the particular type of obstruction, in this case a labyrinth. The new form of the leakage
rate becomes
radial,gap oh(R - R) 2 x)AP (13).
ri RT
Ideally, all the kinetic energy from a single throttling is converted to heat. For most
actual straight-through labyrinths some kinetic energy is carried over to the next chamber,
some converted to pressure energy and some converted to heat. Therefore, for the same
amount of leakage through ideal and non-ideal labyrinths to occur, the former would have
to have more chambers. This difference is correlated with Egli's carry-over factor:
7Y =(14),
where n is the number of throttlings in the non-ideal case and n' is the number of
throttlings in the ideal case. Egli's experiments showed that y is only a function of the seal
clearance and the channel spacing (figure 10). The channel spacing is
F mdh +t w
where t, is the channel-wall thickness and dh the channel hydraulic diameter:
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Figure 10. Carry-over factor, y, vs. seal-clearance-chamber-wall-thickness ratio, h/F, for different
numbers of throttlings [12].
For a large enough number of channels under the seal, the pressure drop across
one channel can be written as
AP =dP Ax (17),dx
L
where Ax = -. And so, the final radial-gap leakage rate becomes
n
(15),
(16).
P(x) dP(x) L
r radial.gap = ayh( R3 - R2) 2- R'Tn (18).
Carry-Over Leakage
As the regenerator rotates it carries also air in its passages from one air-flow
chamber to the other. This form of leakage, called carry-over leakage, is proportional to
the passage volume of the disk. The procedure for finding the carry-over leakage is
outlined below:
(19),dwhradial,carry-over - p(x) V dA
where the peripheral velocity of a point at a distance r on the disk is
V = o)reg (20).
The constant angular velocity for an equivalent continuously-rotating regenerator,
mco,,, can be found from Crot, defined as
Crot = (hMat
Solving for the ceramic mass-flow rate gives
h,,at = Cro , ( ')m•
Next, the mass of the matrix is found from its geometry, density and porosity:
mat, = C(Rf - R2)(I - Wrg)trPc,,er
(21).
(22).
(23),
Finally, the continuous-rotation rate is then
(24).I cofnt
The differential area in equation (19) is
td4= t r-  ~,dr (25),
2
where treg is the thickness of the regenerator matrix. The carry-over leakage is then
1
radial,carry-over
- R3 p(x)tre  ma O "reg rdr
*R2 2
or with the ideal-gas law
1 radial,carry-over
P( X)tregW mat(Oreg (
2RT
R- R2)
Finally, the net radial leakage under one radial seal can be written:
radaial,net rradial, gap radial,carry-over
or
2P(x) LP(X)treggWmat(Oreg (R2 _2 • ( dR_) dxL
mrhadial,net r(R3 - R2  tyh(R 3 - R2 )2 RT RTn
The solution to this equation is given by Harper as
(26),
(27).
(28),
(29).
_ mmat
mradial,carry-overx= P(x)
mradialmnet ) P, 
S radial,carry-overx=O
Aradial,net
Sradial.carry-over,x= P(x)
radialnet )P
L
(30),
2.2.3. Results and Discussions
The resulting radial-seal leakage of the prototype is provided below and includes
the carry-over leakage. Note that the discontinuously-rotating regenerator is specified to
spend only 10% of the 3600-rotation time rotating. Therefore, the values in the following
plot are 10% of what is calculated for the radial-seal-clearance leakage, rhradiaI,gap, from the
previous equation, which would be the leakage for a continuously-rotating regenerator.
1 radial,carry-over,x=O
m radial,net
-In
i
Figure 11. Predicted net radial-seal and carry-over leakage from the compressed-air side of the. test
regenerator: r=-- 4.25 and X=0.1.
With no seal-clearance gap, the only radial leakage is the carry-over leakage, near
0.3% of the compressed-air flow. At a gap of 0.1mm (0.004") the leakage is up near
0.8%. Other investigators report good agreement between results obtained from this
method with experimental results.
2.3. Circumferential-Seal Leakage
2.3.1. Introduction
The circumferential seals, which sit on a narrow band along the outer edge of the
regenerator core, serve to prevent or reduce the hot- and cold-flow leaking to the
surroundings. The edge of the honeycomb matrix of the actual regenerator is filled to a
short depth, providing a smooth surface for the circumferential seals to press against.
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Figure 12. Diagram of the circumferential seal showing relevant dimensions. Values for
the prototype-regenerator dimensions are given in appendix A.
The flow is modeled as going through a narrow gap, and depending on the
pressure drop across the seals, the flow may be laminar, turbulent or transitional
(somewhere between the two). Hagler [15] treats the circumferential-seal leakage as pure-
inviscid flow; however, this is a valid assumption only for inertia-dominated flows. The
leakage may be more accurately predicted from an analysis of highly-viscous flow. The
following approach is based on a relevant example problem given by Sonin [33].
2.3.2. Method of Calculation
The analysis begins with the radial form of the Navier-Stokes equation:
)V(r) aV(r) V(0) aV(r) V(0) 2  DV(r)
-- + V(r) + .+ V(z) =
at Dr r DO r azr r (31).SaP [a (1a ) 1 a 2V(r) 2 aV(O) a2V(r)
-- _+v [rV(r)] + r2 +p Dr r r r r 2  r2 a a2
The following assumptions for fully-developed laminar flow allow it to be
simplified greatly:
* V(O) << V(r), the flow is approximately axisymmetric.
aV(r)at •= 0, the flow is steady.
An order-of-magnitude analysis allows further assumptions to be made:
L2  a'2 V(r)
* If >> 1, the flow is fully developed at the outlet and v can be neglected
h2  ar2
a2V(r)with respect toy V)
a2
V(r)h2
* If V << 1, the flow is highly viscous and the remaining terms on the left-hand
vL
a2V(r)
side can be neglected with respect tovy a2
These last two criteria are verified with actual values at the end of this section.
Since P is a function only of the radial distance, what remains of the Navier-Stokes
equation is
dP (d 2 V(r)"101 - + - (32),
dr dR 2
Integrating with respect to z gives
1 dP Z2V(r)= + Cz + C2  (33).gt dr 2
When a viscous flow is in contact with a solid boundary there is no relative
motion:
V(r) = 0 @ z =0
V(r) = 0 @ z=h
Applying these two boundary conditions to the expression for V(r) gives
I dP(hd z z2)
t dr 2 2
The mass-flow rate is defined as
Smin.crcumf h
hcircumf- f f p(r)rV(r)dzdO
0 0
(35).
(36),
S(1 80 - A)= (80-A) since A is given in degrees. When evaluated this gives
180
S- p(r)Smi,cir.umrh3 dP
circumf 
- 12g dr
or with the ideal-gas law
eP(r)Smi,ncrcumrh3 dP
mcirctf 12ipRT dr
Separating variables, the equation becomes
P(r)dP = 12RT circum dr
Smincircumfh 3 r
(37),
(38).
(39).
Integrating gives the total circumferential-seal leakage (hub + rim) for one high-pressure
chamber:
where Smi.,circu,.f
rcumfnet in,crcumf
h
241IRT
p_-p2 Ph2 p 2
1R4 RIn (R)'In(RR3 R,
2.3.3. Results and Discussions
The net circumferential-seal leakage is plotted for the prototype regenerator in the
next figure.
Figure 13. Predicted net circumferential-seal leakage from the compressed-air side of the test
regenerator: r= 4.25 and X=O. 1.
At this point, the assumptions of fully-developed and viscous flow are checked
with actual values at the inner radius of the circumferential-rim seal with a seal height of
(40).
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0. 1mm. The calculation of the radial velocity and kinematic viscosity are not provided,
since they were done on a spreadsheet.
L2  (0.0127)21<<-= = 16,129h2  (0.0001)2
V(R 3)h2  (0.062)(0.308)(10.0 x 10- )21 >> = = 0.0022
vL (6.69 x10-6)(1.27 x 10-2 ) =0022
These last two results validate the viscous- and fully-developed-flow assumptions.
The other assumptions made in the beginning of this analysis might lead to slight errors. In
one instance, the actual seal leakage will tend to be lower for discontinuously-rotating
regenerators, because the theoretical values are for constant seal-clearance heights. Since
this height changes during each discontinuous rotation in production regenerator seals,
transient effects need actually be considered too. A second assumption is that the leakage
is zero when the seals are clamped. This might lead to higher actual leakage rates. Lower
circumferential leakage might be accomplished by machining grooves into the surface of
the seals, which will increase the flow resistance and, therefore, reduce the leakage rate.
2.4. Matrix Leakage
Ceramic matrices are porous enough to allow some leakage of the hot flow to the
cold flow [9,11]. The leakage depends on the total material porosity and the pore-size
distribution in the material. Thicker chamber walls will no doubt also reduce this leakage.
Others, however, have found this leakage [10] to be negligible.
2.5. Conclusions
The suggested approach for calculating circumferential-seal leakage is believed to
be more accurate than the method by Hagler. The predicted net leakage from the
compressed-air flow is the sum of the radial, carry-over and circumferential leakage,
plotted over a range of seal heights below:
Figure 14. Predicted net seal leakage from the compressed-air side of the test regenerator: r= 4.25 and
X-0.1.
The leakage rates expected for this discontinuously-rotating regenerator are quite
low, even with the flat-surface circumferential seals. The goal is to lift the seals 0.05mm,
which shows leakage will be under 1%. One can therefore conclude the decision to have
the regenerator rotate only 10% of the time is good.
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Chapter 3.
Discontinuous
Rotation
3.1. Introduction
The goal of the new regenerator sealing concept is to affect only the seal leakage
and wear. However, discretizing the rotation into a number of smaller quicker rotations
has consequences on the heat-transfer performance of the disk, on the leakage, and on the
power necessary to rotate the disk. This chapter discusses each of these and provides
calculations for the prototype. Effects of porosity on various parameters are also
presented.
3.2. Effect on Regenerator-Heat-Transfer Performance
In the design of a discontinuously-rotating regenerator, two parameters directly
influence, among other things, the heat-transfer performance. They are the radial-seal
angle, A, and the discontinuous-rotation angle, oor. The effects of these two parameters
are examined in separate sections below.
3.2.1. Radial-Seal Angle
Changing the radial-seal angle changes the free-face and heat-transfer areas of each
flow. Both affect the pressure drop and heat-transfer performance. The following analysis,
based on an example problem in [37], will show how to choose an optimum radial-seal
angle.
The flow through the very small channels of the matrix will, in any case, surely be
laminar. As given in [37], the appropriate heat-transfer relation for the matrix is:
St(Pr)21 3  3.0 (41).
Re
The Stanton number is St:
hairSt- hair (42),
PairVairCP
which is ratio of the actual heat flux to the fluid and the heat-flux capacity of the fluid. The
Reynolds number is Re:
Re - Pair Vairdh (43),
Jair
which is the ratio of the fluid's inertia and viscous forces. Finally, Pr is the Prandtl number
and gives the ratio of the fluid's momentum and thermal diffusivities. For air, this value is
not a strong function of temperature, typically around 0.7. The mean fluid temperatures of
the hot and cold flows in the prototype are both near 650K (see chapter 6); therefore, a
Prandtl number of 0.684 is specified. Substituting the equations for the Stanton and
Reynolds number into equation (41) gives
hair (0. 684)"2/3' = 3 .0air (44).
PagrVairpVa ParVairdh
Rewriting and simplifying gives an equation that allows the heat-transfer
coefficients to be determined:
hir = 3 "O"ir (45).
0.776dh
The hydraulic diameter of each channel in the test regenerator is known to be
approximately 0.761x10-3mm and the viscosities and mean-specific heats are determined
based on the average flow temperatures. The heat-transfer coefficient for the hot stream is
then 183.08W/m 2-K and 177.06W/m 2-K for the cold stream.
The heat transfer areas are directly proportional to the free-face areas:
Aht,max = AIf'"m (46),
Aht,min Affmin
which are, in turn, dependent upon the radial-seal angle:
(180+A)
A y,= 360 A8,,r, (47),360
(180 - A)Af1min = 360 A"reg (48),
where the free-face area of the prototype/test regenerator is fixed at 0.19m 2.
The last three equations with hot and cold convective heat-transfer coefficients
allow the convective-conductance ratio,
(hA () ht ) min (49),
to be plotted over a range of radial-seal angles.
, 0.8
S0.6
a
u 0.4
0.2
o.
0
Figure 15. Effects of changing the radial-seal angle, A, of the test regenerator on the convective-
- conductance ratio, (hAht)'.
The net resistance to heat transfer is dependent upon the resistance to both
conduction and convection. For negligible wall resistance, achieving the lowest net
resistance implies attaining the highest net convective conductance, which occurs when
the matrix temperature is halfway between the hot- and cold-stream temperatures. In
steady state, the heat rejected from the hot stream equals the heat absorbed by the cold
flow:
Qmax-to-cer = Qcer-to-min (50),
(hAht m Tm - Ter) (hAht )min (Tcer - Tmin) (51).
Therefore,
Wma + Tmino)Tcer - + (52),
I
I
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the matrix temperature, will be midway between the hot- and cold flows when the
convective-conductance ratio equals 1. Other convective-conductance-ratio values will
shift the mean-ceramic temperature up or down. The effect on the net convective
conductance,
(ht hAh) (hAht )in (53),( = (h4 ) +(hA,), (53),
is seen in the following figure.
Figure 16. Effects of changing the radial-seal angle of the test regenerator on the convective
conductances.
This figure shows that the net convective conductance does peak where the
convective-conductance ratio is 1, which is about at a 00 radial-seal angle. At the
extremes, the net convective conductance approaches the hot or cold values, which simply
means that the driving force (the temperature difference between the flow and the
ceramic) for the flow with the lower convective-conductance increases greatly.
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In most of these cases, there will be a significant imbalance in the hot- and cold-
flow relative pressure drops, the hot-flow pressure drop being higher than the cold-flow
pressure drop. For continuously rotating regenerators, it is suggested to keep the hot-flow
pressure drops near 1% to give good flow distribution through the matrix. The resulting
cold-flow pressure drop will likely be well below 1%, requiring that care be taken to
ensure good distribution of the cold flow over the matrix surface.
Finding the hot- and cold-flow pressure drops requires knowledge of the channel
velocities. They are related to the free-face area and average pressure by
ir = mr =hairRT (54).
fr Pair Af P
where the T is the mean temperature of the flow through the regenerator and the average
pressure, P, is related to the pressure drop by
P F,,m + Lm" for the cold flow
= X (55).
rP t max for the hot flow
The pressure ratio, r, of the engine used with the prototype is 4.25:1 and Pam is taken as
100kPa.
A second relationship of the pressure drop to the fluid velocity is obtained by
looking at the forces acting on the fluid in the matrix channels:
APA,f = ,Ah, (56),
where the relationship between the free-face areas and the heat-transfer areas is given in
equation (46). The wall shear stress is rw and is related to the non-dimensional skin-
friction coefficient, Cf, which for laminar flow through these passages is 14/Re:
, = C = Pa,14 = 7•,a Vai, (57).SCf -r kRa e 2 airVair dh (57).
With this equation and equation (54), equation (5f) can be rewritten as
AP 2 ±2PAP- 14rhairgLairRTair A ht =0
dh A2
Figure 17 plots the individual relative pressure drops and their sum,
A P) + (-mP net (') max ' mni
Figure 17. Effects of changing the radial-seal angle of the test regenerator on the two pressure drops
across regenerator.
(58).
(59).
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One sees immediately at a zero-degree radial-seal angle the large imbalance in
pressure drops between the hot and cold flows. At lower pressures, as in the exhaust flow,
the viscous forces resisting motion become the same magnitude as the driving force or the
pressure force. To offset this imbalance, the hot flow needs to have about 33% more face
or heat-transfer area as the cold flow. In this particular case, a radial-seal angle of 1100
gives the lowest net pressure drop, which in the next figure corresponds to a pressure-
difference ratio, AP,. / APmi, of 4.46.
Figure 18. Effects of changing the radial-seal angle of the test regenerator on the ratio of the cold-stream
pressure drop to the hot-stream pressure drop.
Referring back to figure 17, one sees that at a radial-seal angle of 1100 the hot-
flow pressure drop happens to be close enough to the suggested value of 1%. Since,
however, this angle of 1100 does not correspond to where the convective-conductance
ratio is one, specifically at 00, a compromise between the two must be established. The
suggested approach is to pick the radial-seal angle where the average of convective-
conductance ratio and the pressure-difference ratio is equal to the average of the desired
ratios (average of desired ratios = (4.46+1)/2 = 2.73). This is illustrated in the next figure.
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Figure 19. Effects of changing the radial-seal angle of the test regenerator on the average of the
- convective-conductance and pressure-difference ratios.
As seen above, the best choice for the radial-seal angle is about 1000. The existing
regenerator headers of the test regenerator, unfortunately, fix the radial-seal angle at 300,
which the analysis indicates will have undesirable consequences mostly on the pressure-
drop performance. In actuality, though, it will probably be necessary to have tradeoffs on
pressure drops, volume, weight and cost of the heat exchanger to arrive at an economic
optimum.
Once the radial-seal angle has been determined, the discontinuous-rotation angle
can be selected and its influence on the heat-transfer performance investigated, too. This is
done in the next section.
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3.2.2. Discontinuous-Rotation Angle
For any particular radial-seal angle, the disk can be discretized into a number of
equal sectors of angle aor. Referring to figure 3, one can see that if there is to be zero
change in regenerator effectiveness from that of a continuously-rotating one, the
discontinuous-rotation angle must be selected from all the possible ones satisfying the
following expression:
180-A 180+A
orT = = (60),
n m
where n and m are integers expressing the number of times the disk rotates through aCRO
on the cold and hot side, respectively. The total number of times the disk moves through
the discontinuous-rotation angle in one 3600 period is then
N=m+n (61),
where N from the previous conditions will be an integer, too. In principle, this condition
assures that each section of the regenerator core is exposed to each flow exactly the same
number of times as any other section.
As mentioned earlier, the existing seal-mounting platforms on the test-regenerator
headers of the prototype fix the radial-seal angle at 300, which consequently defines the
unique set of discontinuous-rotation angles (see table 1) calculated from equation (60).
12
24
36
48
60
72
96
120
144
180
192
240
288
300
360
Table 1. All possible prototype discontinuous-rotation angles which have zero consequential change on
the heat-transfer performance, where N is the number of rotations through the respective angle
for one 3600 rotation.
If the disk is not divided into an integer number of discrete angles, then the result
is almost always a reduction in heat-transfer performance, as shown by Beck [4]. To
illustrate this, consider figure 15, which shows the change in regenerator effectiveness for
different radial-seal angles. The discontinuous rotation angle is fixed as well as the heat-
capacity-rate ratio, the number of transfer units and the convective-conductance ratio.
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Figure 20. Effects of changing the seal angle on the effectiveness
of discontinuously-rotating regenerators [4].
Discontinuous-rotation angle, orROT= 450;
Heat-capacity-rate ratio, Cr = 1;
Convective-conductance ratio, (hA,)' = 1;
Number of Transfer Units, NTU = 10 and 25.
The plot shows clearly zero change in effectiveness at exactly seven seal angles
and a reduction in effectiveness for all other seal angles. It can be verified easily that those
seven seal angles are the unique ones satisfying equation (60) for a~RO= 450.
Beck [4] furthermore determined a set of discontinuous-rotation angles that were
found to have negligible effects on the heat-transfer performance for any seal angle for all
situations, should the design not allow for such an optimum combination of seal and
discontinuous-rotation angle.
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Table 2. Discontinuous-rotation angles for which changes in effectiveness due to discontinuous-
rotation are negligible for all seal locations.
The number of rotations for these angles have not been listed, since now each
segment of the regenerator might be exposed more than once to each flow or not at all.
Because of the reduced heat-transfer performance it is suggested to always choose a
discontinuous-rotation angle using equation (60). It is further suggested (as will be shown
next) to choose the largest of all the possible ones satisfying this equation.
70
110
130
140
170
190
210
220
230
260
290
310
340
370
390
410
430
470
490
3.3. Effect on Regenerator-Rotation-Power Requirement
The following analyzes the power required to rotate the regenerator disk
discontinuously for one case, where a sinusoidal applied torque, Ta(t), acts on the
regenerator (see figure 21).
,T (t)
Figure 21. Free-body diagram of the regenerator showing all three
torques acting on it, in addition to the positive-rotation
direction, Oreg-
Figure 21 shows the torques acting on the regenerator, where the applied torque is
simply that required to overcome the inertia of the disk and the friction:
Ta(t) = I,6 reg + Trer 
The moment of inertia of the regenerator is
I (1- • t)(R-4)Pcertreg
_=2 ( mt( -R
(62).
(63),
the density of the ceramic in regenerator is ce,, and the thickness of the regenerator is treg.
If, for example, the angular-acceleration profile is specified to be a pure sinusoid,
then the subsequent equations for the angular position, angular velocity, jerk and applied
torque can be found.
I
T (t) = I reBDsin(Dt)+ Tfct (64),
6reg(t) = BD 2 cos(Dt) (65),
Oreg (t) = BDsin(Dt) (66),
6,re(t) = B- Bcos(Dt) (67),
r,,g (t) = Bt- -sin(Dt) (68),
D
where B and D are coefficients.
Particular boundary conditions specify that the disk have zero angular velocity at
the beginning and end of each incremental rotation, and that the disk rotate through aRor
in time TorT:
Ore,,g (0) = 0
Oreg(TROT)= aCROT (69).
r, ,(O) = 0
6reg(TROT) = 0
The angular-velocity boundary condition from equation (69) with equation (67) gives
2ncD = (70).
T ROT
Furthermore, at t = Tor the second boundary condition gives
aROT = BTRor (71).
Since,
aROT = coTROT (72),
the coefficient, B, is just the continuous-rotation angular velocity, ocon,.
The power consumed is by definition the product of the input torque and the
angular velocity. For discontinuously-rotating regenerators, these two functions are time-
dependent. Below, the average rate at which the driver mechanism consumes energy is
calculated for the prototype with all clamping seals and negligible friction forces:
SROTPWR Ta(t)reg(t)dt
PWR= Ireg BDsin(Dt)][ B- Bcos(Dt)]dt
TROT
Multiplying out and substituting for B and D gives
(73).
(74),
PWR = 1 ROT
TROT
2 27 .sin 27[reg cont - sm t
TROT TROT
2 2n . 21
- lreg con sin tL t ROT ( TRRoT
Integrating and evaluating the magnitude of the expression gives the final average power:
21 oY2
P WR = r2 Ieg,, ••
TROT
(76).
The time it takes the disk to actually rotate through the discontinuous-rotation
angle can be specified so as to optimize the combination of leakage and power
consumption. The discontinuous-rotation time, Tor is directly related to the fraction of
the 3600-rotation time, X:
TROTX 
36
" X
N NoOcont
where T360 is the 360 0 -rotation time. How to choose an aROT is explained next.
(77),
(75).
The average power necessary for the discontinuous rotations depends on the
kinetic energy given to the disk and the resistance to rotation from friction during each
rotation. For any particular radial-seal angle, the largest discontinuous-rotation angle
satisfying equation (60) results in the lowest power consumption, since it requires the least
number of rotations over the longest period of time. Furthermore, choosing an angle based
on equation (60) assures also no detrimental effects to the heat-transfer performance.
Consequently, the largest discontinuous-rotation angle for the prototype is 300 (see table
1).
If the seal angle of the prototype were different, then the largest discontinuous-
rotation angle would likely change, too; as a result, the power consumption changes. A
plot of the average driving power over a range of discontinuous-rotation angles, namely
those given in table 1, is provided below. A rotation-to-pause ratio of 0.1 was selected.
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Figure 22. Effect of matrix porosity on the power necessary to rotate the prototype regenerator
discontinuously at the possible discontinuous-rotation angles.
The plot illustrates three important points. First, the initial judgment, that the
largest of the possible discontinuous-rotation angles based on equation (60) results in the
least driving power, is correct. Second, the power required to discontinuously rotate the
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prototype regenerator through the specified 300 angles is under 200W and, therefore,
acceptable. Finally, small discontinuous-rotation angles require more power for the disk to
be rotated discontinuously: the discontinuous-rotation time decreases and is inversely
proportional to the average power. Avoiding small discontinuous-rotation angles could be
problematic as they occur for many radial-seal angles. Appendix B gives the largest
possible discontinuous-rotation angle for 90 different radial-seal angles. Over 85% of
those discontinuous-rotation angles listed are below 150.
To offset the increased necessary driving power dramatically, a lower porosity can
be specified. The reason being is that, in equation (76), the continuous-rotation rate
decreases, the discontinuous-rotation time increases, and the moment of inertia decreases.
Doing this will not change the heat-transfer performance, will slightly increase the
regenerator size (see chapter 1) and will decrease the carry-over leakage (shown shortly).
3.4. Effect on Regenerator Failure
The theoretical upper limit of the discontinuous-rotation time is set by the highest
angular acceleration the ceramic regenerator can withstand, since ceramic regenerators are
still made of the very fragile and brittle lithium-aluminum silicate (LAS) or aluminum
silicate (AS). Long [23] based his analysis of the maximum angular acceleration on the
Tresca Criterion', which however is for ductile materials like most steels. More
appropriate for brittle materials like the ceramic regenerator would be the modified Mohr2
theory [30]. This criterion specifies that the ultimate tensile strength, a,, equals the shear
modulus of rupture, t,. Mishke [24] then relates the endurance limit, ae, to the ultimate
strengths:
O0.5040a for ac 5 1400MPa (78).
700MPa for ,o > 1400MPa
IThe Tresca Criterion or the Maximum-Shearing-Stress Criterion is named after the French engineer
Henri Edouard Tresca (1814-1885).
2Named after the German engineer Otto Mohr (1835-1918).
A pamphlet from Coming advertising their Cercor honeycomb regenerator disks lists the
modulus of rupture, %,, as being 2.1MPa. Based on equation (78) and a safety factor of 2,
the fatigue life endurance limit, te, becomes
2.1
t = = 1.05MPa (79).
2
The maximum applied torque allowed then becomes
Jre
T (t) = reg' e  (80),
where, Jreg, is the polar moment of inertia of the regenerator:
Jr = (R4- RI) (81).
This, for example, gives the maximum allowable angular acceleration of the prototype
regenerator as
S reg (1- )R4 ertre (82).
(1.05x106) 3 rad
(0.3)(0.32)(2258.8)(0.0737) 65. 2
The maximum angular acceleration over a range of porosities is given in the
following figure.
100000
Figure 23. Effect of matrix porosity on the maximum angular acceleration the disk can withstand over a
range of porosities.
The maximum angular acceleration increases primarily because of its inverse
relation to the disks solidity (1-w). Although the angular acceleration is also inversely
related to the outer radius, the outer radius changes little with porosity. Therefore, its
influence on the angular acceleration is also small.
Important is to determine whether, during the discontinuous rotations, the peak
acceleration of the disk might reach the maximum angular acceleration. The peak of the
sinusoidal angular acceleration during any discontinuous rotation can be calculated by
evaluating equation (66) at t = TRor/ 4:
reg (t T= ROT / 4) = 2 co" (83).
TROT
The discontinuous-rotation time is given by equation (77) and the continuous-rotation rate
for different porosities by equation (24). The next figure plots the result of equation (83)
over the range of discontinuous-rotation angles given in table 1.
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Figure 24. Effect of matrix porosity on the peak angular acceleration exerted on the prototype regenerator
at each possible discontinuous-rotation angle.
The plot shows that even for the very small discontinuous-rotation angles, the
maximum angular acceleration the regenerator matrix can withstand will not be reached.
Here again, a change in porosity can reduce the high angular accelerations that occur at
small discontinuous-rotation angles greatly. The porosity decreases the discontinuous-
rotation time and increases the continuous-rotation rate. A low porosity has further
benefits explained in the next section.
3.5. Effect on Regenerator-Seal-Leakage Performance
The parameters of interest affecting seal leakage are the regenerator-matrix
porosity, xr,and the fraction of the 3600 -rotation time the regenerator spends rotating, 4.
The more time the disk spends rotating, the more leakage occurs, since this is when the
seals are lifted. For a fixed discontinuous-rotation time, however, the leakage rate is
independent of the discontinuous-rotation angle, allowing one to investigate the effects of
porosity on seal leakage.
It is mostly the carry-over leakage from the compressed-air flow on the hot side of
the regenerator that is detrimental to the effectiveness. Compressed air leaking at the cold
side tends to only decrease the pumping power of the compressor and cool the exhaust.
Evaluating equation (26) at x = 0, which is at the high pressure end of the seal (425,000Pa
for the prototype regenerator), over a range of porosities gives the following plot.
Figure 25. Carry-over leakage from the compressed air side of the regenerator vs. porosity for a 0. 19m 2
free-face area, 0.15 seal-coverage fraction and 0.1 rotation-to-pause time.
The observed increase is due to the much higher continuous-rotation rate (see next
figure), which the carry-over leakage is directly proportion to. There is also a decrease in
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the radial-seal length, R3-R2, that would tend to decrease the leakage; however, the change
in seal length is so small that its influence on the carry-over leakage is negligible.
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Figure 26. Percent decrease in the prototype-regenerator continuous-rotation rate vs. porosity for a free-
face area of O. 19m 2.
The rotation rate increases with porosity because of its inverse relationship to the
decreasing disk mass, see equation (24). Figure 27 shows the decrease in the prototype-
regenerator mass with porosity.
Figure 27. Percent increase in the prototype-regenerator mass vs. porosity for a free-face area of 0.19m2.
3.6. Conclusions
The solution based on a sinusoidal angular acceleration was considered rather than
one based on a saw-tooth angular acceleration [23], since the more gradual changes in
angular acceleration are practically more achievable. For minimum power consumption the
discontinuous-rotation angle of the prototype was selected to be 300. A larger angle, such
as 450, was not chosen, because the existing regenerator covers that are to be used fix the
radial-seal angle at 300. This angle does ensure no reduced heat-transfer performance over
a continuously rotating regenerator. A plot of the power required to rotate the disk for
selected discontinuous-rotation angles shows that a disk spending 10% of the time
rotating would need as little as 200W. Rotations through even very small discontinuous-
rotation angles will not impose damaging stresses on the disk. Matrices with lower
porosities require less driving power, are subjected to lower stresses and produce lower
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carry-over-leakage rates. The next sections review the design and construction of the
bench-level mockup and prototype of the new sealing concept.
Chapter 4.
Bench-Level
Experimentation
4.1. Introduction
The first step in the development of a prototype of the novel sealing mechanism
was to construct a small-scale mockup of it. With it, a better understanding of the flow
behavior would be achieved. The apparatus was built and setup in the Massachusetts
Institute of Technology's Rohsenow Heat and Mass Transfer Laboratory. The test section
consists of two small-size disk-type seals that clamp on a ceramic regenerator, which can
be rotated back and forth through a fixed angle whenever the seals are lifted. One problem
encountered with the test rig is the inability to fix the seal height over a range of air-flow
pressures. Nonetheless, meaningful leakage-flow patterns could be obtained, and showed
that reductions in leakage and wear rates definitely result from a discontinuously-rotating
regenerator with clamping seals. Below, the experimental setup and tests are reviewed
followed by a presentation and discussion of the test results. Finally, conclusions of this
work are drawn.
4.2. Experimental
The bench-level sealing mechanism made use of a 6"-PVC air-supply line in the
laboratory and an aluminum silicate (AS) regenerator, once used in an Allison GT-404 gas
turbine. A schematic of the basic flow loop is given in figure 28; where, details of the data
acquisition and electrical connections are not shown in the figure but explained later in the
text.
Figure 28. Schematic of the flow loop used for the bench-level tests.
1 - MD Pneumatics H17-5516 positive-displacement rotary blower;
2 - adjustable valve;
3 - muffler;
4 - adjustable valve;
5 - 2.5inch-bore orifice plate;
6 - T-type thermocouple;
7 - pressure tap;
8 - ceramic regenerator;
9 - PVC end flange;
10 - high-pressure compressor;
11 - Humphrey H180-4E1, 2-position 5 port solenoid valve;
12 - upper clamping seal;
13 - lower clamping seal.
At the beginning of the loop is a blower capable of providing about a 0.52m 3/s air-
flow rate up to a maximum rated pressure of 69kPa. Further down the line, the flow splits
off in one direction to a muffler and in the other to the test rig. The flow rate of the air
heading towards the test chamber is measured with a Microswitch 164P01D37 pressure
transducer that senses the pressure drop across a 63.5mm-bore orifice plate (see appendix
E for details of the appropriate correlations and equations used in calculations). In
addition, the air-flow temperature is measured with a T-type thermocouple and the static
pressure with a Microswitch 142PC05G pressure transducer. The voltage reading from
the thermocouple is amplified with a MetraByte MB37-T thermocouple module plugged
into a MetraByte MB-01 direct-connection module-mounting rack, which connects to a
MetraByte DAS-8 data-acquisition board in the computer. The voltage output from the
pressure transducer is already amplified so that it can be measured directly by the data-
acquisition board.
Immediately after passing the static-pressure tap the flow reaches the
regenerator/test section, where two clamping sealing mechanisms are attached to the
upper and lower portions of the PVC piping. By closing off one end of the upper PVC
pipe, the measured flow rate through the test section becomes the seal-leakage rate. A
drawing of this clamping-seal mechanism is given in the next figure.
Figure 29. Cross-sectional assembly drawing of one of the bench-level clamping mechanisms built for
the small-scale tests.
1 - 6"-PVC pipe;
2 -PVC flange glued to the PVC pipe;
3 - 1/4" bolt;
4 - top aluminum plate;
5 - inflatable vinyl tube (seal lifter);
6 - inflatable vinyl tube (seal clamper);
7 - bottom aluminum plate;
8 - acrylic face seal free to move up or down;
9 - 1/4" hex nut;
10 - ceramic regenerator.
The clamping mechanism shown above raises and lowers an acrylic ring, which
simulates the seal shoe, by alternately inflating and deflating the vinyl tubes with
compressed air. The switching is accomplished with a solenoid valve controlled through
the main computer with a MetraByte PIO-12 24-line parallel I/O board and a Metrabyte
SM-OAC5 120VAC output module.
The discontinuous-rotation of the regenerator is controlled in a similar fashion.
Placed horizontally on rollers in an aluminum cage, the regenerator is rotated
discontinuously back-and-forth with an Allenair APD 1-1/2" x 3" x 3" pneumatic-linear-
actuator cylinder. The air cylinder is fastened between the aluminum cage and at the rim of
the regenerator using a small metal frame across the regenerator. The air cylinder is
supplied also with high-pressure air and activated with another Humphrey H 180-4E1
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solenoid valve that is controlled by the main computer. The resulting back-and-forth
motions of the regenerator suffice to simulate discontinuous rotations.
4.3. Results and Discussions
The first test was run with fixed seal-clearance heights to determine the flow
regime. A rather large seal-clearance height was selected to obtain high flow-rate values
that would be easier to measure with the available orifice plate. The amount of flow
through the test section is dictated by the flow resistance of the test seals relative to that of
the muffler. Since the blower outputs a fixed amount of air into the line, the simplest
means of increasing the flow through the test section, which is simply the seal leakage, is
to offer more resistance to the flow leaving through the muffler. This is accomplished
practically by using the valve located before the muffler. Consequently, the static pressure
of the air flow increases as a greater driving force (greater pressure drop) is required to
push the same volume of air into the line. The blower is rated to about 170kPa (absolute);
however, tests could be conducted only for short time periods at pressures only as high as
121kPa (absolute). The reason is that at these high back pressures, the air becomes hot
enough to cause softening and warping of the PVC piping over long operating times.
Therefore, short tests were run to avoid damaging the pipes.
Data was collected at each selected valve setting by scanning the three channels for
a total of 5 seconds at a rate of 40 samples per second. The measurements were averaged
and then stored in computer memory. A 15-second pause period then followed, which
gave enough time to change the valve to a new setting and allow the flow to reach a
steady state again. Afterwards, the differential-pressure and temperature readings were
applied to the equations in appendix D to obtain flow-rate values. In all, 16 data points
were obtained and plotted in the next figure.
Figure 30. Calibration curve showing how the flow rate varies with the static pressure.
For the curve fitting all the data, Pac = 1.013 x 105 + 14.5 x 106  2.2 4 3static ,leak
The resulting plot shows the leakage rate increasing non-linearly with the static
pressure in the line. This type of relationship is typical for turbulent flows that are
described by
AP = f L Q l2ak (84),2i72dh3
wheref is the moody friction (a constant for turbulent flows), L the seal width, Qleak the
seal leakage and h the seal-clearance height. A curve was fit to all the data points and gave
that AP oc Q2, a functional relationship that is not expected. However, closer
examination of the test setup showed the top PVC moved as the pressure increased,
starting approximately at 108kPa (absolute). Although modifications to the support
structure to prevent movement were largely unsuccessful, tests simulating a working
discontinuously-rotating regenerator with clamping seals were still possible and valuable.
The second test is the simulation portion of the experimental investigation. Here,
the seals start off first clamped on the regenerator matrix. After a preset pause time, the
seals are then lifted and the disk immediately rotated in one direction or the other by the
air cylinder. Once the piston reaches its fully extended position the seals clamp again and
the cycle starts over. Flow-rate data was acquired over a sufficiently long period of time
(30 seconds) to include atleast three complete cycles. Figure 32 shows the resulting
variation of the flow rate over time.
Figure 31. Flow rate under the clamping seals of the discontinuously-rotating regenerator vs. time.
The gradual rise and decay of the flow rate occurs whenever the seals are lifted
and indicates that transient effects will cause predicted leakage rates of discontinuously-
rotating regenerators to be somewhat higher than actual ones. This was recognized and
stated in the discussion of the radial-seal section. A final set of data was collected to show
approximately the response of the flow to just the seal-clamping and lifting action.
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Figure 32. Flow rate under a seal lifted at about 11.5 seconds and clamped later at about 26 seconds.
Primarily, one sees that the flow adjusts slower when the seals are lifted and faster
after they are clamped. The net effect is beneficial to the overall effort of reducing seal
leakage. Laminar flows will therefore exhibit even slower response times.
4.4. Conclusions
This chapter discussed the bench-level experimental investigation of the new
regenerator sealing concept. A test rig was built that utilized a low-pressure high-flow air
line and a ceramic regenerator. Although tests were conducted in turbulent-flow regimes,
the results still showed that significant reductions in seal leakage are possible through
quick discontinuous rotation of the regenerator. Finally, it was also observed that transient
effects due to the clamping seals tend to decrease seal leakage.
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Chapter 5.
Prototype
5.1. Introduction
The final experimental work on the novel regenerator sealing concept is the design
and construction of a prototype that is to be incorporated into a Boeing 502-11B gas-
turbine engine. The intended purpose was to show solely that even with rather simple
mechanical systems, a discontinuously-rotating regenerator operating with clamping seals
successfully reduces leakage rates. However, construction of the prototype was not
completed by the end of this project; and so, what this chapter presents is all the work that
had been accomplished on the prototype, including an analysis that shows how the engine
would have performed with the prototype.
5.2. Design
The design of the prototype-test setup centers around an existing Coming
aluminum silicate (AS) regenerator once used in an Allison GT-404 gas-turbine engine.
This engine which produced 242kW at 37,1000rpm ran with a pressure ratio of 4:1 and an
air-flow rate of 1.8kg/sec [26]. To carry out the desired experimental tests an engine was
sought with performance characteristics similar to those of the Allison GT-404, but that
could be modified easily to incorporate a regenerator. The most favorable engine would be
the Allison 250. This very powerful engine for its small size has two external ducts leading
the air from the compressor to the combustor. Both of these pipes are detachable and
would be, therefore, ideal locations to divert the flow from the engine through the
regenerator. Unfortunately, an extensive inquiry around the nation to have an Allison 250
donated or borrowed was unsuccessful.
Eastcoast Aerotech, an airframe and powerplant school located at Hanscom
Airfield in Massachusetts3, did offer however their Solar T-63 or Boeing 502. To help in
selecting the more suitable of the two engines, performance specifications and physical
part configurations of each engine were examined, leading to the final selection of the
Boeing gas turbine.
5.2.1. Test-Engine Description
The Boeing engine is a version of the 500 series (figure 32) also named the Boeing
Turbo-Starter. This mobile truck-mounted 502-11B provides high-flow, low-pressure air
and was used for aircraft ground support by many airliners.
3Contact person is Raymond (Ray) Lawless, Director of Aircraft Maintenance, East Coast Aero Technical
School, 696 Virginia Road, Concord, MA 01742, Tel: 617-274-0900.
Figure 33. Picture of the Boeing 502-1 1B gas-turbine engine.
Appendix B lists its performance specifications quoted directly from [35]. These
specifications show that the engine performs quite similarly in many respects to the Allison
GT-404. Fortunately too, the Boeing is similar to the Allison 250 in that the compressor-
outlet flow is accessible by removing the external can-type combustors. The modifications
do become more complicated since the combustor that will be removed must be relocated
properly. A block diagram showing the airflow through the modified gas-turbine engine is
depicted in figure 34.
Figure 34. Modified engine diagram labeling primary components and temperature locations.
The figure above shows the intended configuration of the modified engine. This
setup might provide the least amount of necessary modifications by requiring that only one
flow be redirected; however, it does pose a potential problem of having unequal flow rates
entering the turbine. Therefore, in the actual setup, a flow restrictor of some sort must be
inserted in the left air stream to keep the flow rates balanced. A similar scheme is
necessary for the exhaust flow. The performance of the engine in this configuration is now
predicted from a short analysis.
5.2.2. Modified-Test-Engine Performance
The outcome of equipping the existing gas turbine with a regenerator will no doubt
be an increase in the engine performance (thermal efficiency). Because detailed
information of the compressor and turbine are not known, the performance will be judged
by the improvements in the fuel-consumption rate. Simple analyses of the combustor and
regenerator systems give a good prediction of this performance, in addition to the
behavior of other parameters such as the turbine-exit temperature and continuous-rotation
rate.
Method of Calculation
The objective here is to show first the fuel-consumption dependency on
regenerator effectiveness. The heat produced by the combustor is
S= rihuelhv (85),
where rhfuel is the fuel-flow rate and lhv is the lower heating value of the fuel, typically
near 44MJ/kg. To keep the analysis simple, let this be also the heat absorbed by the fluid;
and so, an energy balance modeling the air as an ideal gas gives
Q = rhair'pdT
Combining the previous two equations with
dT = T4 - T3
gives the fuel consumption for a given T3 as
?fu air P4-3'43fuel lhv
The combustor-inlet temperature can also be written in terms of the regenerator
effectiveness:
which yields the fuel-flow rate as a function of the regenerator effectiveness:
(86).
(87)
(88).
(89),
Sfuel 
-
airP,3 - T2 +(T - T2
lhv (90).
The temperature at points 4 and 5 are given at design-point operation (36,000rpm)
to be 1089K and 852K, respectively [35]. The compressor-outlet temperature, T2, is
determined by using the known design-point-fuel-flow rate (102kg/hr) and air-flow rate
(1.8kg/s) of the unmodified engine with equations (85) and (86). The unmodified engine
does not have a heat exchanger, so in this calculation T3=T2. The fuel- and air-flow-rate
values just given are from the engine field manual [5]. Iterating between the mean specific
heat and the compressor-outlet temperature, one finds the temperature T2 to be 452.9K.
The iteration is done quickly with a computer program or with a curve fitting tabulated
data as done in figure 35 with data from Wilson [37].
Figure 35. Curve fitting specific-heat-vs.-temperature data for air:
C, = 1.29 x 10- 3 T 4 - 5.97 x 10-to T3 + 9.34 x 10-7 T2 -3.74 x 10-4T+1.05"
The fuel-consumption rates can now be calculated over a range of T3, i.e. a range
of regenerator effectivenesses, using equation (90). For the range of T3, the regenerator-
exit temperature can also be found using the definition of the heat-capacity-rate ratio,
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and plotted over the range of regenerator effectiveness. The calculations are done by first
guessing a regenerator-exit temperature and then calculating the appropriate mean specific
heat, iterating until they agree. Practically, different regenerator effectivenesses are
achieved by changing the rotation speed, calculated using equation (92) with Cro, equal to
5. Plots of the afore-mentioned parameters versus regenerator effectiveness are now
presented.
Results and Discussions
The fuel-flow rate for this engine was shown to be directly dependent on the
regenerator effectiveness. The plot below reveals the magnitude of this dependence.
Figure 36. Predicted fuel consumption vs. effectiveness at design-point operation (36,000rpm).
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(91),
Figure 36 shows that for a highly-effective regenerator, say 97%, the fuel
consumption will be nearly 60% lower (2lkg/s). There is little that can be done to change
the slope of this curve to give even greater improvements, since all pertinent temperatures
must be maintained at the specified values.
To achieve a specified fuel rate, the regenerator must rotate at a particular speed.
The next plot shows the necessary rotation rate over a range of effectiveness.
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Figure 37. Predicted continuous-rotation rate vs. effectiveness at design-point operation (36,000rpm).
The regenerator effectiveness is strongly influenced by small changes (less than
Irpm) in the rotation speed for a fixed Cro,. The large sensitivity to effectiveness becomes
apparent from the equation giving the matrix-rotation rate:
(92).
As it turns out, the mean regenerator-matrix temperature and therefore the mean
ceramic specific heat vary little over the range of effectiveness. Similarly, the mean cold-
flow specific heat is fairly constant. What results for a fixed Crot and air-flow rate is then a
small change in matrix speed over the range of effectiveness.
cro, -
__
Next, the general modifications necessary to incorporate the test regenerator are
reviewed, followed by more detail coverage of the discontinuous-rotation driver and
clamping mechanisms.
5.2.3. General Engine Modifications
To simplify construction of the prototype test rig, it was decided to place the test
regenerator horizontally above the engine and between two available regenerator covers
from the original Allison GT-404 engine. A support structure resembling a narrow box, to
which these regenerator covers are bolted, closes off the original compressed-air-flow
openings and encloses the test regenerator. New openings were machined into the covers
at specific locations to connect with special piping that reroutes the compressed air
through the regenerator. Figure 38 gives a general schematic of the modified engine just
described.
Figure 38. General layout of the modified engine showing the piping that reroutes the airflow through
the regenerator [17].
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As the previous figure shows, the right combustor is removed and pipes inserted to
reroute the flow through the regenerator. Flanges permit the pipes to be removed with
ease. Because of the space constraints between the main engine and the cart wall, two 14-
gauge 3.5"-outside-diameter pipes are used to connect the compressor outlet to the top
regenerator cover. Additionally, the pipe leading to and from the combustor was angled
approximately 300 away from the engine to avoid interfering with other engine
components. The preliminary design of this piping was done by Carsten Hochmuth [17]
using a solid-modeling program called ProEngineer. After the dimensions were finalized,
the construction work was contracted to E.C. Hilliard 4. A photograph of the finished
piping is shown in the next figure.
Figure 39. View of the finished piping (disassembled) that redirects the air flow from the compressor,
through the regenerator and back to the turbine.
The regenerator covers, to which the pipes connect, provide a platform on which
to mount the seals, the driver mechanism and the test-regenerator hub support. The hub
4Contact person is Joe Angelo, E.C. Hilliard Corporation, 55 Border Street, West Newton, MA 02165.
support is fastened to the center of bottom regenerator cover, supports about 1/3 of the
regenerator's weight (the remaining weight taken up by the rubbing circumferential seals),
and keeps the disk centered radially and axially. The details of this component are shown
in the next figure.
Figure 40. Sectional assembly drawing of the regenerator-hub support.
1 - top clamp plate;
2 - ceramic regenerator;
3 - main shaft;
4 - retaining ring;
5 - inner race;
6 - spring retainer;
7 - 3/8".-32 threaded rod;
8 - 3/8"-32 hex nut;
9 - 3/8" lock washer;
10 - needle roller bearing;
11 - compression spring;
12 - radial ball bearing;
13 - regenerator casing;
14 - bottom clamp plate;
15 - 3/8" lock washer;
16 - 3/8"-32 hex nut.
The regenerator hub rests on a flat-wire compression spring that sits on a ball
bearing. This arrangement provides the necessary vertical support, while allowing freedom
·_
to rotate. Two needle-roller bearings fix the main shaft's, and therefore also the disk's,
axial and radial positions, while also permitting rotation. The long threaded rod down the
center of the main shaft keeps the entire assembly firmly seated on the regenerator cover.
The next picture shows the hub support placed in position on the lower regenerator cover.
Figure 41. Inside view of the lower regenerator cover showing the seal-mounting platforms, the
compressed-air-flow exit hole, the exhaust-flow inlet hole and the regenerator hub support.
The next sections discuss, in greater detail, the design of the components related to
the discontinuous rotation of the regenerator and the clamping of the radial seals.
5.2.4. Discontinuous-Driving Mechanism
The purpose of the regenerator-driver mechanism is to rotate the regenerator
discontinuously through the specified discontinuous-rotation angle and in, approximately,
the calculated discontinuous-rotation time. For the prototype, a simple mechanism was
designed and constructed that uses a pneumatic cylinder to rotate a sprocket directly
linked to the test regenerator via a one-way clutch, shaft and pinion. A reverse stop (not
shown in the schematic) prevents any reverse rotation of the regenerator. Figure 42 below
is a diagram of the regenerator with this driver mechanism.
Figure 42. Diagram of the regenerator system showing the primary components. Arrows indicate
directions that the corresponding components are capable of moving.
Bonded to the cold end of the ceramic matrix with a high-temperature elastomer is
a rim gear having a 14.50 pressure angle and a 670.6mm (26.4inch) pitch diameter. This
gear meshes with a spur gear (in this case it acts as a pinion) fixed to the bottom end of
the main shaft. The spur gear has a 22.2mm (7/8inch) bore, a 14.50 pressure angle and a
pitch diameter of 165.1mm. The main shaft is supported within a bearing housing and joins
the spur gear, located on the inside of the regenerator cover, with the sprocket that sits
outside the cover. A double-row angular-contact bearing, just under the one-way
sprocket, provides for axial and radial rigidity of the shaft. Towards the lower end is a
simple roller bearing which floats to adjust for thermal expansion as result of the high
operating temperatures. The sprocket assembly is a 9.53mm (3/8inch)-pitch sprocket with
15 teeth fitted over a 9.53mm (3/8inch)-bore size-5 one-way cam. The cam is fastened to
the main shaft with a key as is the spur gear. Figure 43 gives a detailed sectional assembly
drawing of the entire mechanism excluding the air cylinder followed by a picture of it.
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Figure 43. Sectional assembly drawing of the regenerator-driver mechanism:
1 - one-way sprocket;
2 - 10-32 hex-head cap screw;
3 - 10-32 external-tooth lock washer;
4 - bearing retaining plate;
5 - 3/8"-32 hex-head cap screw;
6 - 3/8" external-tooth lock washer;
7 - regenerator casing;
8 - support plate;
9 - tack weld;
10 - 3/8"-32 nuts;
11 - spur gear;
12 -key;
13 - shaft spacer;
14 - bearing housing;
15 - double-row angular-contact bearing;
16 - internal retaining ring;
17 - 10-32 hex-head cap screws;
18 - 10-32 external-tooth lock washer;
19 - mounting plate;
20 - shaft;
21 - radial ball bearing;
22 - ceramic regenerator;
23 - flat washer;
24 - regenerator rim gear.
Figure 44. Picture of the assembled driving mechanism. The sprocket to the right 
and
the pinion to the left are visible.
The main driving mechanism is attached onto the "ear" of the top regenerator
cover as pictured in the next figure.
Figure 45. Outside view of the top regenerator cover showing the compressed-air-flow inlet 
holes with
flanges attached, the exhaust-flow exit hole and the discontinuous-driving mechanism.
The torque needed to rotate the regenerator must be able to reach close to the
peak angular acceleration calculated in chapter 3 for the specified 300 discontinuous-
rotation angle. The required stroke of the air cylinder is simply the arc length at the edge
of the sprocket:
pket)( teethPsprocket dp,reg (93).
The pitch diameter of the regenerator's rim gear, dpreg, is provided in appendix A. The air-
cylinder stroke becomes then
w ,,.,3( 7 ((15)(9.53)> 670.6=
sprcke 180 2n 165.1
The applied force the air cylinder must apply on the sprocket is
S- T(t) 2 d pinion + Fpring, (95),
Wp·reagn\ dp,sprocket
where the Fspring,x is the force of the return spring, taken to be 10.ON when it is extended
to 48.4mm. Ta(t), is the applied torque as in equation (62), assuming the sinusoidal
kinematic profiles covered in chapter 3 apply.
To calculate the applied torque, one must refer to figure 24 for the peak angular
acceleration (360.6rad/s 2) and appendix A for the moment of inertia (0.823kg-m2). The
torque needed to overcome just the rotational inertia is consequently
Ir,, reg (t) n= = (0.823)(360.6) = 296.8N - m (96).
What remains is to estimate the friction torque.
In the prototype, the primary friction torque opposing the rotation of the disk
arises from the rubbing circumferential seals (see figure 3). Production models would
likely have all clamping seals. This friction torque on an incremental area can be written as
follows, assuming the applied pressure on the seals is evenly distributed over all the
rubbing surfaces:
dTfrcmax = Lf rdF,
nF = PA
where
A = x(RR - R2+ ) (12 - R2 )
Similarly, the applied force on an incremental area, dA, can be written as
dF = PdA
where
dA = rdOdr
Therefore,
FdFn= = nrddr
dFSubstituting into the equation for d gives
Substituting into the equation for dTfwc,max gives
dTrc, x = lr 2 (103).Fn d0dr
where Lf is the coefficient of friction. Continuing,
FT (2 R r 2drdO + 2x2 r2drdo)
(97).
(98),
(99).
(100),
(101).
(102).
(104).
The factor of 2 is introduced to account for the top and bottom seals. Integrating over the
specified ranges, gives
, 4 ((R' - R)) +(Pq - R) (
7' = F  (RF -R)+( ' -R) (105).
The coefficient of friction and applied force are approximated to be 0.35 and 200N,
respectively. Finally, with the radial-distance values given in appendix A, the maximum
frictional torque is calculated to be 40.0N-m.
The maximum applied torque that the air cylinder must be able to supply is then
F,,(t), =(296.8 + 20)( 670. )0 (15)(9.53) +(10.0)=3654.6N (106).
Generally, air cylinders are available up to bore cross-sectional areas of
4560.4mm2. Therefore, the compressed air supply must be capable of delivering
3655
P 80lkPa (107),
""pPY," 4560.4 x 10a
which is in the standard range of available shop air.
5.2.5. Rubbing Circumferential Seals
The proposed rubbing circumferential seal design is a thin stainless-steel disk
joined to the regenerator header at the outer edge with a flexible-shim band. The next
figure shows a cross section of the basic seal design.
seal mounting platform
Figure 46. Schematic of the rubbing circumferential-rim seal which is in principle similar to the
circumferential-hub seal.
The circumferential seals will be kept seated firmly on the matrix by many equally-
spaced compression springs, whose spring constant is based on earlier calculations of the
friction torque. There, it was presumed that the rubbing circumferential seals would have a
uniform force of 50N applied on them. However, the additional force on the seals from the
high-pressure flow will change this friction-torque calculation some.
This additional force can be calculated by first integrating equation (39), which
gives
P(r) = I 2 + 2 In
P(r) = 2 24 TSh3 circumf,hubr) M I
for R3<r<R4
(108)
for R, <r<R2
Fluid properties are evaluated at the mean temperature, T:
L-r,_
PI
flexible
shim
regenerator core
h
I R4
R
Ph 3
T2+ T, 452.9+293 372.95 for the cold side
7= 2 2
T + T, 840.1+ 293 566.55 for the hot side
2 2
(109),
The upward-acting pressure is then calculated along the width of the seal. Any
value of the seal-clearance height, h, with the corresponding leakage, rhcircumf, can be used,
since the pressure distribution is independent of those values. Pressures were calculated at
twenty-one different values of r, giving the profile shown in the next figure.
Figure 47. Pressure distribution under the circumferential seals of the test regenerator, which
operates with a pressure ratio of 4.25:1.
In the high-pressure chamber there is a uniform pressure of 425,000Pa across the
seal counteracting the tendency for it to be lifted off the matrix. The net pressure
distribution acting on the top of the seal is seen in the next figure.
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Figure 48. Pressure distribution acting down on the circumferential seals of the test regenerator, which
operates with a pressure ratio of 4.25:1. Curve fitting calculated values is
P(r) = 99.7r3 -849r 2 +2.01 X104r- 2331
The data points in the previous two figures were calculated from equation (108)
and then a curve was fitted to them. This was done because in order to obtain the net
force acting downward, equation (108) needs to be integrated with respect to r. This is
completed more quickly with a simple polynomial than a logarithmic square-root relation.
Integrating the fitted curve over the rim and hub, using dimensions tabulated in Appendix
A, gives the net force to be 87N. Consequently, one can use springs in the high-pressure
chamber with lower spring constants or specify a larger air cylinder. The latter might be
more appropriate, since the additional force from the high pressure that is calculated
reaches this value only at design-point operation. At part load, the pressure will be lower
and unexpected leakage could result.
5.2.6. Clamping Radial Seals
Conventional disk-type rotary regenerators have rubbing face seals that separate
the two air flows. Their ability to provide a good seal is limited by the friction torque, and
t1-1- - I - I -
300
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100
50
0 2 4 6 8 10 12 14
position on the circumferential seal, mm
seal and matrix wear rate. In the new sealing concept, both problems are reduced greatly
by means of clamping seals that are lifted each time the disk is quickly rotated through the
specified discontinuous-rotation angle. The clamping force, which is the applied force to
the seals, can be much greater than allowed in rubbing seals. Clamping seals can be
designed for a constant seal-clearance height or constant seal-lifting height.
For the prototype, constant-clearance-height seals are selected, which simply lift
the seal a specified height relative to the regenerator surface during each lifting action.
This type has the advantage of dynamically following the surface of the regenerator, which
will no doubt under the high-temperatures not remain perfectly flat. The disadvantages are
the potentially higher manufacturing costs. A schematic of the suggested seal design by
Wilson is shown below.
Figure 49. Schematic of the clamping seal.
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The function of the clamping seal is briefly explained. The seal is pressed onto the
regenerator by spring, D, when the collet is released by air at F. When this air is turned
off, the spring, C, locks the collect to the shaft. The air at E then raises the collet and the
shaft to the desired height, adjusted with A. After the disk finishes its short rotation the air
at E is turned off and the seal clamps on the regenerator under the force from spring B.
The operation is then repeated.
5.3. Conclusions
The work accomplished on the design and construction of a prototype
discontinuously-rotating regenerator with clamping seals is reviewed. The design uses an
existing ceramic regenerator and incorporates it into an older Boeing gas-turbine engine.
Design drawings of the major components are given and calculations of important design
parameters presented. By the date of this report, the ducting, driver mechanism and
regenerator casing were completed. Final design drawings and fabrication of the sealing
mechanism and support structure are still needed.
Chapter 6.
Flexible-Band
Regenerator
6.1. Introduction
The band regenerator that was introduced in chapter 1 offers a unique way to
produce a small high-effectiveness regenerator. The section here explains why a band
regenerator can potentially be the most compact heat exchanger conceived. Experiments
conducted by Chow [7] were done to observe the behavior of different types of bands
subjected to pinch-roller and high-temperature tests. An additional test used a paper model
of the bands to observe spacing behavior. The details can be read in his bachelor thesis,
but the findings strongly suggest that more experimental work be done on determining the
practical feasibility of this regenerator design
6.2. Compactness 5
The size, mass and leakage of a regenerator are known to depend on the matrix
porosity, defined in equation (3). When comparing two differently sized regenerators,
however, one must also take into account their performance or effectiveness. Again, the
effectiveness relates the maximum heat transfer possible, between the two flows, to the
actual amount. The amount of heat transferred between each flow and the core material is
therefore dependent primarily on the convective-conductance values. The compactness
parameter accounts for both the regenerator porosity, size and performance and is
reviewed in the next section.
6.2.1. Method of Calculation
The compactness actually expresses the amount of convective conductance per
unit volume of regenerator core. As shown in the following, it is derived from the Nusselt
number for laminar flow in a passage with constant heat flux (regenerators typically have
constant heat flux to and from the matrix walls):
- dhNuH,= k- (110),k
where k is the thermal conductivity of the fluid, h the convective conductance and dh the
hydraulic diameter defined in the standard way below:
4Af 4abd - = (111),
Ppassage (2a + 2b)
where a and b are the passage wall dimensions.
Solving for the convective conductance gives
SThe work on compactness is rewritten from Beck [38].
Nu,kh = h
dh
(112).
Now, multiplying both sides of this equation by the heat-transfer area, Aht, and
dividing both sides by the total regenerator volume, V, gives
(hAht) = [Hk [(2a+2b)tre
V dh V
The porosity by definition can be written as
abtre
V
and the wall dimensions, a and b, as a ratio b/a. The final from of the equation for
regenerator compactness is then
(hAht) NukI(1+b/a) 2y
V a2(b / a)2
(113).
(114),
(115),
To observe the effects of only b/a and the Nusselt number, the previous equation is
rewritten:
a2(hAh) = Nu [(+b/a)2  (116).
k[V (b / a)2
Calculations are now done for a range of Nusselt numbers, taken from [20], and of
b/a ratios.
6.2.2. Results and Discussions
The calculations were to show the effects of the Nusselt number and core-passage
geometry on the regenerator compactness. The geometry parameters were selected such
that they corresponded to a square, small rectangles and, in the limit, parallel plates. The
appropriate Nusselt number were then applied. Results and input data are tabulated below.
10.8 1.43 3.73
9.27 2 4.12
8.52 3 4.79
8.33 4 5.33
8.235 _ _ 8.235
Table 3. Compactness for different regenerator-
passage dimensions and Nusselt number.
The effects of decreasing compactness by increasing the b/a ratio and Nusselt
number are clearly seen. The conclusions are that first the regenerator becomes more
compact if the wall spacing, a, is decreased or the porosity is increased; and second, the
closer passage spacing and higher attainable porosity make the band regenerator a more
compact design than the rotary regenerator. It was noted that the lowest passage-wall
thickness of Coming's extruded ceramic-disk regenerators is about 0.127mm; whereas, the
stainless-steel bands for the band regenerator can be as low as 0.0254mm.
6.3. Conclusions
An alternative to the conventional rotary regenerator, called the band regenerator,
is introduced in this work. An analysis shows that its use of very thin bands, resembling
parallel plates, makes it a much more compact design. Also, the ability to design for
different passage spacing in each of the flow chambers has great potential in resolving the
problem of the extremely-unbalanced flow-pressure drops. More experimental work and
analyses are suggested before final conclusions of its practical feasibility can be made.
Chapter 7.
Motor-Vehicle
Application
7.1. Introduction
The gas-turbine engine today offers many advantages over other heat engines.
Very large gas turbines have found use in power generation for electricity and also aircraft
propulsion. Smaller engines were developed and pursued extensively in the 60's and 70's
for automobile applications; however, these never found a hold because of the inability to
achieve much higher fuel efficiencies than spark ignition engines and to produce them at a
competitive cost. New technologies, primarily from materials research in ceramics, is
today giving the automotive gas turbine a second chance today. However, published status
reports of several of the large research and development programs in countries such as
Europe, Japan and the United States indicate a great deal of misguided and therefore not
surprisingly unsuccessful efforts [36, 42]. It is believed that the general design of the
M.I.T. small-gas-turbine engine, covered in this chapter, presents the best solution to
producing a successful automotive gas-turbine engine.
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7.2. General Engine Design
The design of the proposed small-gas turbine engine stems from key issues
summarized in a memo by Wilson [42] and elaborated in the original preliminary-design
report [41] and a published paper [36]. The performance of a gas-turbine engine is judged
primarily by its cycle thermal efficiency and specific-power output. A successful motor-
vehicle gas-turbine engine must have a high full-load and part-load cycle thermal
efficiency, so that one obtains the maximum amount of work output for a given amount of
energy input. Achieving this goal, for a small engine having an output under 1MW, is
possible only with a low-pressure-ratio regenerative engine.
If a gas turbine without a heat exchanger were to perform with the same high
thermal efficiency, then it must operate with a much higher pressure ratio to offset the
large increase in necessary external heat input (e.g. fuel), for a fixed turbine-inlet
temperature and compressor-inlet conditions (it might be useful to refer to figure 1). The
primary drawback in doing this is the large resulting "loss" induced by the blade-tip
clearances in the high-pressure stages of the compressor. Blade-tip clearances in these
stages of a small high-pressure-ratio engine become large relative to the passage sizes.
High-pressure-ratio compressors also develop a larger mismatch between the inlet and
outlet flows at part-load conditions.
The benefits of a low pressure ratio make multistaging the compressor and turbine
desirable. As the number of stages goes up, the kinetic-energy leaving losses decreases,
the rotation speed decreases and also the pressure ratio per stage decreases, further
increasing the component efficiencies. Slower rotation speeds impose lower stresses on
the rotors, and bring in the possibility of fabricating the compressors out of fiber-
reinforced high-duty resigns and the turbines out of low-grade ceramics.
More detailed analyses are carried out in the following to show the influence that
various parameters of interest (i.e. regenerator effectiveness, pressure ratio, turbine-inlet
temperature, compressor and turbine polytropic total-to-total efficiencies, total-pressure
drop and total regenerator-seal leakage) have on the two performance parameters: the
thermal efficiency and the specific work.
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7.3. Performance Analysis
In the original preliminary design a 10kW engine was specified. For purposes of
evaluating this engine as a direct replacement of the spark-ignition engine in a Chevrolet
Beretta, the power-output value is changed to 71kW. The base-line specifications of the
gas-turbine engine, used in subsequent calculations, are listed in the following table.
net power output, W,,e 71kW
cycle pressure ratio, r 2.0
compressor-inlet temperature, T, 288K
compressor polytropic total-total efficiency, lnonv.l-2 0.80
turbine-inlet temperature, T4  1250K
turbine polytropic total-total efficiency, rlty 4. 1 0.85
e, regenerator effectiveness 0.975
X j-l ' normalized total-pressure drops
rhte,, / ith-2, normalized regenerator leakage 0.04
Table 4. Specifications of base-line engine evaluated.
7.3.1. Method of Calculation
Calculations of the performance parameters are done by determining fluid
properties and mass-flow rates at each of the 6 locations in the engine (see figure 2). Base-
case values are used except when a particular parameter is varied. The first of the two
performance parameters is the thermal efficiency defined back in equation (1). The
turbine-mass-flow rate is one of the four unknown parameters in this equation and found
by the following relation:
4,_5 = 1 mtleak r-2
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(117),
ignoring fuel-mass addition.
The next relation comes from the definition of the turbine polytropic total-to-total
efficiency for an ideal gas and gives the turbine-exit temperature, T5:
7= 4 T  4-T 4( - 1( A- (118),
where the ratio P2 to P1 is just the pressure ratio, r and the temperatures and pressures are
total values (the efficiency used here is "total to total").
A similar relation exists for compressors and allows the determination of the
compressor-exit temperature, T2:
T = (119).
In both cases, R is the universal gas constant, and specific heats are evaluated at
mean temperatures. As one can see, iterations are required to obtain the final
temperatures.
With all necessary fluid properties and mass-flow rates found, the second
performance parameter can be determined, too:
net (120).
ml-2 P,1-2
Plots are now generated showing the influence that changes in regenerator
effectiveness, component efficiencies, pressure drops and leakage rates have on the cycle
performance parameters.
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7.4. Results and Discussions
The first plot shows the consequences of changing the regenerator effectiveness on
the cycle thermal efficiency. An effectiveness of 1.00 has been included only as a
reference, since that value would imply a regenerator of infinite size.
0.6
0.5
5 0.4
a,
0.3
0.2
_
0 0.1 0.2 0.3 0.4
spedific power, -
0.5 0.6
Figure 50. Effect of changing the regenerator effectiveness on the cycle thermal efficiency of a 71kW
small-gas-turbine engine.
For the highly effective regenerator (e=0.975), the peak thermal efficiency occurs
at a much lower specific-power output. Moreover, as the regenerator effectiveness
decreases the peak thermal efficiency also decreases. By plotting the two performance
parameters against each other in the above fashion, the optimum pressure ratio can be
obtained: it occurs where the thermal efficiency peaks. For the 0.975 effective regenerator,
the optimum pressure ratio equals 2.4, although an economic optimum might be higher,
say 2.7-3.0.
Plotted individually, the thermal efficiency will peak at a lower pressure ratio than
will the specific-power output. The reason for this can be explained by considering what
happens to the thermal efficiency as the pressure ratio deviates slightly from the maximum
specific-power value [37]. Since small changes in this maximum pressure ratio will cause
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only a noticeable change in the thermal efficiency and not in the specific power, an
increase in the pressure ratio will lower the turbine-exit temperature and require a greater
heat input to maintain the specified turbine-inlet temperature. On the other hand,
decreasing the pressure ratio will increase the turbine-exit temperature and result in a
lower fuel-input requirement.
The turbine-exit temperature is dependent also upon the compressor and turbine
efficiency. The next figure shows how these polytropic total-to-total efficiencies influence
the engine performance.
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Figure 51. Effect of changing turbine and compressor efficiencies on the cycle thermal efficiency of a
71kW small-gas-turbine engine.
case 1: 'lpoly,c = 0.85 and 1lpoly,e = 0.90;
case 2: ilpoly,c = 0.80 and lpoly,e = 0.85;
case 3: 'lpoly,c = 0.75 and llpoly,e = 0.80;
As one would expect, higher component efficiencies give a higher thermal
efficiency at any pressure ratio. For a fixed pressure ratio, an increase in the component
efficiencies means a greater difference in the inlet/outlet enthalpies (less entropy
generation) and thus a higher thermal efficiency. However, striving for low manufacturing,
material costs and small component sizes most likely will not allow for efficiencies higher
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than those estimated in the base case. Researchers at the Japan Automobile Research
Institute have tested silicon-nitride axial turbines and measured efficiencies6 of 85-86.3%
[19, 25].
The previous three analyses considered the influence of the regenerator
effectiveness, and the compressor and turbine efficiencies, which primarily alter the
turbine-exit temperature. Just as important, though, is the turbine-inlet temperature, which
is specified according to metallurgical restrictions. The effects of changing the turbine-inlet
temperature on the cycle thermal efficiency are presented in the next plot.
Figure 52. Effect of changing the turbine-inlet temperature on the cycle thermal efficiency of a 71kW
small-gas-turbine engine.
It is seen that for higher turbine-inlet temperatures the cycle thermal efficiency and
specific-power output increase, in addition to the optimum pressure ratio, which again
occurs where the thermal-efficiency peaks; but, even for a constant pressure ratio, say 2.4,
the thermal efficiency still increases significantly. This conclusion is expected, because as
the turbine-inlet temperature increases for a given pressure ratio, the net work output of
the turbine increases, while the proportion of the amount of heat recovered also increases.
6The type of efficiency was not specified.
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The extreme efforts by many in trying to incorporate ceramics, which would allow a
significantly higher turbine-inlet temperature, are therefore quite justifiable.
Some components in the engine cause significant pressure drops. Typically, the
individual normalized pressure drops are summed together into one cycle pressure drop,
whose influence on the thermal efficiency is illustrated in the next figure.
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Figure 53. Effect of changing the total pressure drop on the cycle thermal efficiency of a 71kW small-
gas-turbine engine.
A higher cycle pressure drop decreases the thermal efficiency, since now the net
work output decreases while the heat input remains fixed. For a given cycle pressure ratio,
the thermal efficiency and the specific-power output also decrease. Pressure drops through
the engine should therefore not exceed the specified value of 12%, if an efficiency of over
45% is to be attained.
The last figure shows the effect of regenerator-seal leakage on the thermal
efficiency.
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Figure 54. Effect of changing the regenerator leakage on the cycle thermal efficiency of a 71kW small-
gas-turbine engine.
The significant negative effect of seal leakage on the cycle thermal efficiency is
apparent in this figure and was the motivation for investigating novel regenerator sealing
concepts. Reducing the base-case leakage value from 4% to, say, 1% will increase the
thermal efficiency about three percentage points. Presuming all parameter specifications in
the base-case list can be met, and assuming the novel sealing concept will reduce leakage
levels to below 4%, then the final engine will be expected to have a thermal efficiency of
atleast 47%. The next section predicts the fuel efficiency of such an engine and compares
it to the known fuel efficiency of a similarly rated spark-ignition engine.
7.5. Fuel-Economy Analysis
The Federal Test Procedure driving schedule is the standard for determining the
"city" and "highway" fuel-economy7 figures of present-day motor vehicles. Prediction of
the gas-turbine's average fuel consumption based on these cycles would give a benchmark
7Fuel economy is properly defined as the inverse of the fuel consumption.
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of where the engine performs relative to other types of similarly sized internal-combustion
engines. Fuel-consumption rates were therefore determined for the city- and highway-
driving cycles pertaining to light-duty trucks and vehicles, and heavy-duty vehicles8 [8].
Figures 55, 56 and 57 illustrate these driving cycles as the velocity of the vehicle at each
point, over the duration of the cycle. The highway-driving cycle shown in figure 57 was
used for both types of vehicles.
Figure 55. Urban-driving schedule for light-duty vehicles and light-duty trucks.
8See appendix of this report for definitions of these vehicle types.
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Figure 56. Urban-driving schedule for heavy-duty vehicles.
Figure 57. Highway-driving schedule used for both light-duty and heavy-duty vehicle calculations.
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7.5.1. Method of Calculation
Obtaining average fuel-economy figures requires that the part-load performance of
the engine be known. The two part-load-efficiency curves in figure 58 and 59 provide the
relationship between the power output of the engine and its thermal efficiency; where, one
is for a light-duty vehicle and the other is for a heavy-duty vehicle. Both plots are scaled
down from the part-load-efficiency curve of a more powerful gas-turbine engine of similar
pressure ratio and regenerator effectiveness [21]. The large engine was assumed to have a
design-point efficiency of 50%, and the smaller of 47%.
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Figure 58. Power output vs. thermal efficiency of the 71kW light-duty gas-turbine engine (for a
Chevrolet Beretta).
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Figure 59. Power-output vs. thermal efficiency of the 220kW heavy-duty gas-turbine engine (for a
generic bus).
Next, it is shown how to make use of the thermal efficiency figures for determining
the fuel-consumption rates.
The thermal efficiency of the engine is defined as
Wet
thlermal et (121),
where Wi,,, is the net-power output of the engine, and Q is the heat input to the engine.
The latter is simply
Q = (rh f,/)(1hy) (122),
where rh.U,e is the fuel-consumption rate, and lhv is the lower heating value of the fuel.
Substituting equation (121) into (122) and solving for the fuel consumption gives
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To simplify the final calculations, equation (123) and a lower heating value of
44MJ/kg, typical for gasoline and diesel fuels [18], was combined with the curves in
figures 58 and 59 to produce the part-load-fuel-consumption curves in figures 60 and 61.
Figure 60. Power output vs. fuel consumption of the 71kw engine (Chevrolet Beretta).
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Figure 61. Power output vs. fuel consumption of the 220kw engine (generic bus).
The engine power required at each point in the driving cycle is determined from a
set of fixed input parameters defined below, and the vehicle's velocity and acceleration at
each point:
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S +E+ C motor-vehiclePair( otor-vehicle +Vwind 2 motor-vehicle (124)
Vmotor-vehicle 2 t,,ans
engine power, W
- accessory power, W
Smnetg CR+(s/100)+(alg)(l +(mwhee/mnet), N
a total motor-vehicle mass including passengers etc., kg
= gravitational acceleration, m/s 2
- wheel rolling resistance, -
- positive road slope, %
- positive acceleration of the motor vehicle, m/s 2
effective mass of all rotating components as if at the wheel periphery, kg
coefficient of air resistance, -
5 cross-sectional area of the motor vehicle, m2
density of local air, kg/m3
a motor-vehicle velocity, m/s
headwind velocity, m/s
- mechanical efficiency of the transmission, -
A short computer program was then implemented to compute average fuel-
consumption rates for each driving cycle. During deceleration or zero acceleration, the
idle-fuel-consumption rates were applied (0.15 and 0.22g/s for light-duty and heavy-duty
vehicles, respectively).
For the light-duty vehicle, the power rating and most of the input parameters are
the values given for a Chevrolet Beretta in a paper by An and Ross [1], who presented a
method for predicting the fuel consumption of spark-ignition-engine cars driven through
the FTP driving schedules. Doing this provides a convenient means for comparison. On
the other hand, many parameters of the heavy-duty vehicle were selected based on
information from local bus companies. The input parameters are listed in table 3 and final
results presented in the following section.
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mnet
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CR
S
a
mwheel
C,
Amotor-vehicle
P air
notor-vehicle
Vwind
1 trans
P W
m, kg
g, m/s2
C, -
s, %
mwhDr,, kg
Ct1, -Cm-
Arant ry... rlt, m2
pi,, kg/m 3
tEran' , -
(Chevrolet Beretta).
75
1364
9.8
0.01
0
47
0.285
2
1.2
0
0.9
75
12000
9.8
0.015
0
200
0.35
8
1.2
0
0.9
Table 5. Input-parameter values of the two vehicles examined.
7.5.2. Results and Discussions
The results of the computer program, presented in the table below, are fuel-
consumption rates of both vehicle types. Additionally, average vehicle speeds were
computed and included for reference.
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fuel consumption,rs
velocity, km/hr
fuel consumption, L/100km
velocity, miles/hr
fuel consumption, miles/gallon
Light**duty vehicle
(Chevrolet BerettaY)i:1:·s: iiiiiiiii-•ii 5iiiii i :i iii:i::::::i ;i~ ::i   ~3ii :::i~ i :,.:.,ii i~i i ii i iiii :::i:iiij ii~iiiji:.:;;:;;::11:11: ~iiiiiiisiiiiiiiiii
Urban
0.34
31.2
5.4
19.5
43.8
Highway
0.52
77.3
3.3
48.3
70.7
Hea y·.... ...i..l
...........  ...!85 .................
Urban
1.8
30.1
30.3
18.8
7.8
Highway
3.1
77.3
18.2
48.3
13.0
Table 6. Calculation results listing the average values of driving speeds and fuel-consumption rates.
The average urban fuel consumption of the Beretta with a spark-ignition engine
was listed in [1] as 24.7miles/gallon, giving a 77.3% increase when equipped with a gas
turbine. When driven through the highway driving cycle with an SI engine, the Beretta
achieves only 43.2miles/gallon while with a gas-turbine engine the vehicle is predicted to
achieve at least 70.7miles/gallon, a 63.7% increase. It is clear that these figures are only
estimates, but if anything they are conservative in their predictions: higher component
efficiencies have been measured at these power levels, lower leakage rates will be
attainable as a result from using the new regenerator and the cycle total-pressure drop will
be lower.
117
"'":'•':':':':':':'i'•'i'•'i'i'i'i'i'i'i'("""""""...-...........Ti 'i'i·i·i.:.:· ;  '; :. ... . ......I.L···········;·.·.··················i`I ; ;·····;·.·········I······-····
7.6. Summary and Conclusions
The automotive gas turbines can potentially be a strong competitor to the
conventional spark-ignition engine only after several fundamental changes in the present-
day designs and development programs are made. These important points addressed and
discussed in this chapter are summarized here. First, the design must incorporate a highly-
effective (e=0.975) regenerator, which it was shown gives a much lower optimum
pressure ratio and higher thermal efficiency. Operating with a lower pressure ratio has
many other favorable consequences. Immediately, the part-load performance increases as
the compressor-inlet/outlet mismatch at off-design-point operation decreases.
Furthermore, the resulting rotational speed decreases along with, therefore, the tip speed.
With also larger resulting passages, the component efficiencies increase as the blade-tip-
clearance losses become less significant. Increasing now the number of stages, further
increases the component efficiencies (the pressure ratio per stage decreases), because of
the reasons just given and also because the exiting flow has much less kinetic energy -
kinetic energy of the flow entering the regenerator has no use. Similarly, the turbine
should be multistaged so that they can be fabricated out of low-cost ceramics.
The basic-design criteria allowed then for a base-case-engine specification list to be
made. A performance analysis was presented that validated the importance of the above-
mentioned facts. It was also shown that when based on Federal Test Procedure (FTP)
driving schedules, the base-case engine would produce a marked reduction in the typical
"city" and "highway" fuel-consumption rates of present-day buses and cars. The
calculations were for a light-duty (Chevrolet Beretta) and heavy-duty vehicles (generic
bus) rated at 71kW and 220kW, respectively. City and highway fuel-economy figures of
the automobile improved over 60%.
118
References
[1] An F. and Ross M., "A Model of Fuel Economy and Driving Patterns," SAE Paper
No. 930328, Warrendale, PA, 1993.
[2] A.S.M.E., Fluid Meters, 6th edition, A.S.M.E., New York, 1971.
[3] Beer F. P. and Johnston, R. E. Jr., Mechanics of Materials, McGraw-Hill Book
Company, New York, 1981.
[4] Beck D. A. "Regenerators for Gas-Turbine Applications," Ph.D. Thesis,
Massachusetts Institute of Technology, Cambridge, MA, September, 1993.
[5] Boeing, "Turbo-Starter Field Maintenance/Repair Manual," D4-1697-2, Seattle,
WA, January 1,1963
[6] Carruthers W. D. and Smyth J. R., "Advanced Ceramic Engine Technology for
Gas Turbines," A.S.M.E. Paper 91-GT-368, June 3-6, 1991.
[7] Chow L. A., "A Flexible-Band Regenerator for Gas-Turbine-Engine Applications,"
Bachelor of Science Thesis, Massachusetts Institute of Technology,
Cambridge, MA, May, 1990
[8] Code of Federal Regulations, 40, Parts 86-99, Office of the Federal Register
National Archives and Records Administration, Washington D.C., 1992.
119
[9] Cook J. A., Fucinari C. A., Lingscheit J. N. and Rahnke C. J., "Evaluation of
Advanced Regenerator Systems," NASA CR-159422, Cleveland, Ohio,
August, 1978.
[10] Cook J. A., Fucinari C. A., Lingscheit J. N., Rahnke C. J. and Rao V.D. "Ceramic
Regenerator Systems Development Program," Progress Report for Period
Jan. 1., 1978 to March 31, 1978, Report No. CR-135331, NASA Contract
No. DEN 3-8 Feb. 1978.
[11] Day P. J., "ATTAP Extruded Ceramic Regenerator Disk Development,"
Proceedings of the Annual Automotive Technology Development
Contractor's Meeting, P-256, SAE, Warrendale, PA, June, 1992.
[12] Elgi A., "The Leakage of Steam Through Labyrinth Seals," Trans. A.S.M.E., vol.,
1935, pp 1 15-122.
[13] Fox R. W. and McDonald A. T. Introduction to Fluid Mechanics, John
Wiley & Sons, New York, 1985.
[14] Fucinari C.A., Vallance J. K. and Rahnke C. J., "Development of the
AGT101 Regenerator Seals," A.S.M.E.-Conference Paper, 87-GT-173,
New York, 1987.
[15] Hagler C. D. "The Design of Ceramic Rotary Regenerator for a Regenerated
Low-Pressure-Ratio Gas-Turbine Engine," MSME Thesis, Massachusetts
Institute of Technology, Cambridge, MA, April, 1987.
[16] Harper D. B., "Seal Leakage in the Rotary Regenerator and Its Effect on Rotary-
Regenerator Design for Gas Turbines," Trans. A.S.M.E., February, 1957,
233-245.
[17] Hochmuth C. A., "Design Issues for Ducting in Gas Turbine/Regenerator Project,"
Internal Report, Massachusetts Institute of Technology, May 13, 1994.
[18] Heywood J. B., Internal Combustion Engine Fundamentals, McGraw-Hill, New
120
York, 1988.
[19] Itoh T. Kimura H., "Status of the Automotive Ceramic Gas Turbine
Development Program - Year 2 Progress -," A.S.M.E.-Conference Paper
93-GT-40, New York, NY, May 24-27, 1993.
[20] Kays W. M. and Crawford M. E., Convective Heat and Mass Transfer, McGraw-
Hill, New York, 1993.
[21] Korakianitis T. and Beier K., "Investigation of the part-load performance of two
1.2MW regenerative marine gas turbines," Report WU-ICE 91-5,
Washington University, St. Louis, MO, September, 1991.
[22] London A. L., "Laminar Flow Gas Turbine Regenerators - The Influence of
Manufacturing Tolerances," A.S.M.E. Journal of Engineering for Power,
Vol. 92, 1970.
[23] Long A., "Discontinuous Rotary Regenerator Dynamic Analysis,"
Memorandum, Massachusetts Institute of Technology, Cambridge, MA,
1992.
[24] Mishke C. R., "Prediction of Stochastic Endurance Strength," Transactions
of the ASME, Journal of Vibration and Acoustics, Stress, and Reliability in
Design, vol. 109, no. 1, pp. 113-122, January, 1987.
[25] Nakazawa N. et. al., "The Turbine Components Development for the 100kW
Automotive Ceramic Gas Turbine," A.S.M.E. Paper 93-GT-64, New York,
NY, May 24-27, 1993.
[26] Norbye J. P., The Gas Turbine Engine. Chilton Book Company, Radnor, PA,
1975.
[27] Penny R. N., "Regenerators for High Temperature Gas Turbine Engines," Paper
11, Proc Instn Mech Engrs 1968-69, Vol 183, Pt 3N.
[28] Penny N., "The Development of the Glass Ceramic Regenerator for the Rover
121
2S/150R Engine," Paper No. 660361, SAE Paper, 1966.
[29] Shames I. H., Mechanics of Fluids, McGraw-Mill, New York, 1962, p. 290.
[30] Shigley J. E. and Mishke C. R., Mechanical Engineering Design,
McGraw-Hill Publishing Company, NewYork, 1989.
[31] Shimada K., Ogiyama H., Tsutsui Y., "Advanced Ceramic Technology Developed
for Industrial 300kW FGT (Ceramic Gas Turbine) Research and
Development Project in Japan," A.S.M.E. Paper 93-GT-188, Cincinnati,
Ohio, June 3-6, 1993.
[32] Skiepko T., "Some Essential Principles for Adjustment of Seal Clearances in
Rotary Regenerators," Heat Transfer Engineering, vol. 14, no. 2, 1993.
[33] Sonin A., Advanced Fluid Mechanics Lecture (course 2.55) at the Massachusetts
Institute of Technology, Cambridge, MA, 1993.
[34] White F. M., Fluid Mechanics, McGraw-Hill, New York, 1986, p. 323.
[35] Wilkinson P. H. Aircraft Engines of the World. Wilkinson, Washington D.C.,
1941-1970.
[36] Wilson David Gordon, "A New Opportunity for the Automotive Gas Turbine,"
Technology Review, to be published 1994.
[37] Wilson David Gordon, Design of High-Efficiency Turbomachinervy and Gas
Turbines, The M.I.T. Press, Cambridge, MA, 1984.
[38] Wilson David Gordon and Beck D. S., "Interim Report on Small-Engine Design,"
Massachusetts Institute of Technology, Cambridge, MA, December 8,
1992.
[39] Wilson David Gordon, "Low-leakage and high-flow regenerators for gas turbine
engines," Proc. Instn. Mech. Engrs., vol. 207, ppl95-202, 1993.
122
[40] Wilson David Gordon, United States Patent, Patent Number 5,259,444, November
9, 1993.
[41] Wilson David Gordon and Beck D. S., "Preliminary-Design Considerations for a
Hybrid-Vehicle Small Gas Turbine: a Progress Report," Department of
Mechanical Engineering, M.I.T., Cambridge, MA, January, 1993.
[42] Wilson David Gordon, "Rationale for Philosophy of our Design Approach for
Small Gas Turbines," Memorandum, Department of Mechanical
Engineering, M.I.T., Cambridge, MA, February 4, 1993.
123
Appendix A
A. m2  0.19
d ,m 0.671
I, kg-m 2  0.823
L, m 0.0127
R4_ m 0.3207
Rs_ m 0.308
R7_ m 0.0381
R-_ m 0.0254
trpp, m 0.0737
,- o_0.15
h, - 0.079
Prr, kg/m 3  2258.8
_ V-=, - 0.7
A, degrees 30
Table 7. Properties of the test regenerator.
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Appendix B
engine model and type Boeing 502-1lB
compressor 1-stage single-sided centrifugal
compressor-pressure ratio 4.25:1
air mas-flow rate 1.8kg/s @ 36,000rpm
combustor 2 interconnected tubular (can type) combustion chambers
turbine (gas producer) 1-stage axial
turbine-inlet temperature (gas producer) 816 0 C (1050OF) @ 36,000rpm
turbine-exit temperature (gas producer) 5790 C (1075 0 F) @ 36,000rpm
turbine-inlet temperature (power)
turbine (power) 1-stage axial
turbine-exit temperature (power) 5600 C (1040 0 F) @ 36,000rpm
fuel consumption 102kg/hr
rating 210 air hp/36,000 rpm/sea level............. ..... ... ....-ll
... ............. ................rifuga
............... 
......... X. 25:
rating 2 10 air hp/36,000 rpm/sea level
Table 8. Test engine specifications from [35].
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90
1
4
3
2
5
24
1
2
9
20
1
6
1
8
15
2
1
36
1
70
69
68
67
66
65
64
63
62
61
60
59
58
57
56
55
54
53
52
51
10
3
8
1
6
5
4
9
2
1
120
1
2
3
4
5
18
1
8
3
50
49
48
47
46
45
44
43
42
41
40
39
38
37
36
35
34
33
32
31
10
1
12
1
2
45
8
1
6
1
20
3
2
1
72
5
2
3
4
1
Table 9. Largest possible discontinuous-rotation angle for a selected set of radial-seal angles, A. These
angles were found using equation (60).
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90
89
88
87
86
85
84
83
82
81
80
79
78
77
76
75
74
73
72
71
30 30
29 1
28 8
27 9
26 2
25 5
24 12
23 1
22 2
21 3
20 40
19 1
18 18
17 1
16 4
15 15
14 2
13 1
12 24
11 1
10 10
9 9
8 4
7 1
6 6
5 5
4 8
3 3
2 2
1 1
0 180
Table 10. Largest possible discontinuous-rotation angle for a selected set of radial-seal angles, A. These
angles were found using equation (60).
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Appendix D
This section gives the design of the orifice-plate flow-measurement system and
necessary correlations and equations for calculating the flow rates. The main air line has an
inner diameter of 152.4mm and the orifice plate a 63.5mm-bore. A cross-sectional view of
the orifice plate and pipe flanges is reproduced from [2] in the next figure.
Figure 62. Schematic showing the orifice plate and tap locations (not to scale) copied from [2]. Relevant
dimensions are included.
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I D_ I Dpp2
~-- pipe -
The flow rate is calculated using a flow coefficient that modifies Bernoulli's
equation describing inviscid incompressible flow:
PD. 1 2 = PD/ 2 + V 2
p 2 p 2 (125).
With approximately equal densities, the volume flow rate through the pipe between the
two measuring points must be equal:
2 2D d 2
S=u bipipe Vt =h br o Vit4 4
Substituting this relation into Bernoulli's equation gives
P1 d1S+- V bore
P 2 Dpip·
(126).
(127).p 2 VD12
p 2
A ratio, 0, of the orifice-bore diameter to the pipe inside diameter is introduced, allowing
the previous equation to be rewritten as
P -P , 1
p 2
The corresponding flow rate through the orifice bore can then be found:
-
1 2(P, - PD2
(128).
(129).
A discharge coefficient, C, is applied to account for the difference in the actual and
theoretical flow rates:
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d2ore C
4e- ý -- p2)
2(P, -P,,2)
Often times, the flow-rate equation is expressed with a flow coefficient, K:
K (1- 2) (131).
For Dpipe and Dpi,/2 taps, the flow coefficient is found from experimental correlations [2]:
1000
K = K +b (132)
ReD•,,
where ReDpipe is Reynolds number based on the pipe inside diameter. Additionally,
K, = (0.6014- 0.01352D-0.25) + (0.3760 + 0.07257D-0P25)
(130).
(133),
0.00025Dipe 2• + 0.0025Dpipe + P4
and
0i0.0011 0.0004"b= 0.0002+ 011 0.0038+ 
Dpipe ) Dpipe ,
+(16.5+5Dpjpe )p16)
For a particular measurement of the pressure drop, the flow rate is obtained iteratively by
guessing a velocity for the Reynold's number and then calculating the velocity from the
resulting flow rate.
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(134).
+ 1.50 16 )
